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Abstract

The in-cylinder pressure is an important signal that gives information about the
combustion process. To further improve engine performance, this information
can be used as a feedback signal in a control system. Usually a pressure sensor is
mounted in the cylinder to extract this information. A drawback with pressure
sensors is that they are expensive and have issues with aging. This master’s thesis
investigates the possibility to create a virtual sensor to estimate in-cylinder pres-
sure based on crank angle degree sensor (CAD-sensor) data and physical models
of the heavy-duty engine.

Instead of using the standard mounted CAD-sensor an optical high-precision sen-
sor measures the elapsed time between equidistant angles. Based on this signal
the instantaneous angular acceleration was estimated. Together with the iner-
tia of the crankshaft, connecting rods and pistons, an estimation of the engine
torque was calculated. To be able to extract in-cylinder pressure from the esti-
mated torque, knowledge about how the in-cylinder pressure signal propagates
in the drivetrain to accelerate the flywheel needs to be known. Two engine models
based on the torque balance on the crankshaft are presented. The fundamental
difference between them is how the crankshaft is modeled, rigid body or spring-
mass-damper system. The latter captures torsional effects of the crankshaft. Com-
parisons between the estimated torque from sensor data and the two engine mod-
els are presented. It is found that torsional effects of the crankshaft is present at
normal engine speeds and has a significant influence on the flywheel torque.

A separation of the gas torque contribution from one cylinder is done with CAD-
sensor data together with the rigid body engine model. The in-cylinder pressure
is then estimated by using the inverse crank-slider function and a Kalman filter
estimator. The estimated pressure captures part of the compression and most
of the expansion at engine speeds below 1200 RPM. Due to the crank-slider ge-
ometry the pressure signal disappears at TDC. The torsional effects perturb the
estimated pressure during the gas exchange cycle.

Further development must be made if this method is to be used on heavy-duty
applications in the future.
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x Notation

Notation

Variable Description

Ap Piston cross section area
C Damper constant
E Energy
GR Gear ratio
I Current
J Moment of inertia
K Spring constant

MEP Mean effective pressure
T Torque (subscript indicates from the source)
U Voltage
VD Displaced volume per cycle
l Connecting rod length
m Mass
ncyl Number of cylinders
neng Engine speed
nr Number of crank revolutions per engine cycle
p In-cylinder pressure
r Crankshaft radius
ts Sampling time
v Speed
xT State vector
η Efficiency
ω Mean crankshaft angular speed
θ Crank angle degree
θ̇ Crankshaft angular speed
θ̈ Crankshaft angular acceleration

ds(θ)
dθ

Piston velocity with respect to CAD
d2s(θ)
dθ2 Piston acceleration with respect to CAD



Notation xi

Abbreviation Description

BDC Bottom Dead Center
CAD Crank Angle Degree

CI Compression Ignition
CLCC Closed-Loop Combustion Control
ECU Engine Control Unit
FFT Fast Fourier Transform
LTI Linear Time-Invariant

MEP Mean Effective Pressure
MISO Multiple-Input Single-Output
RPM Revolutions Per Minute
SISO Single-Input Single-Output
SOC Start Of Combustion
SOI Start of Injection
TDC Top Dead Center
VS Virtual Sensor





1
Introduction

1.1 Background

Today the automotive industry aims to reduce fuel consumption and emissions
while keeping a good driveability. All things mentioned depend heavily on what
goes on in the cylinders inside the engine during the combustion phase. When
it comes to compression-ignited (CI) engines the combustion relies on the auto-
ignition process. To further improve engine performance from the current open-
loop control strategy, closed-loop combustion control (CLCC) might be needed
[1, 2, 3].

With the use of the open-loop strategy, each cylinder has got cycle-to-cycle and
cylinder-to-cylinder variations in mechanical work and emissions. These varia-
tions are due to that the in-cylinder pressure varies both in magnitude and timing
relative to the crank angle degree (CAD) during the combustion.

To optimize delivered performance from the engine it is important that the pres-
sure occurs at the right time so the lever from the crankshaft generates maximum
torque. By using estimated combustion parameters, calculated from in-cylinder
pressure, as a feedback signal it is possible to reduce these cycle-to-cycle and
cylinder-to-cylinder variations.

Another benefit from using CLCC is that it can make small adjustments to the
injection strategy to handle the different qualities of the fuel used. The diesel
will differ slightly from the one used when mapping the engine. Fuel quality
will for instance affect the ignition delay (time from start of injection (SOI) to
start of combustion (SOC)). By adjusting the timing of injection the engine will
increase its efficiency. There are many other advantages using CLCC [4, 5]; lower
emissions, higher comfort and diagnostics on engine components - to mention a

1



2 1 Introduction

few.

The most convenient way to estimate in-cylinder pressure is to mount pressure
sensors in each cylinder of the engine. From the estimated pressure curve stan-
dard methods of estimating combustion parameters can then be used. Since the
sensors are exposed to the harsh environment inside the cylinder they have to be
durable. The sensors also need to deliver an accurate measurement of the pres-
sure. As a consequence, these pressure sensors are expensive and usually not
mounted on an engine as standard.

Other ways of estimating in-cylinder pressure have been investigated using torque
sensors mounted on the crankshaft [6, 7], and engine speed variations measured
on the flywheel [8, 9]. Another interesting approach to estimate individual cylin-
der pressure has been proposed in [10, 11, 12] using sliding-mode observers.

Some of the articles above use the standard mounted sensor that register the
crank angle degree (CAD). A benefit of designing a combustion parameter esti-
mator using this sensor, is that no additional sensors are required.

Cylinder pressure to CAD acceleration can be seen as a multiple-input single-
output (MISO) system. Each cylinder will be an input that is superimposed via
the crankshaft and affects the output, the acceleration of the CAD θ̈. In addi-
tion to the torque produced by the pressure difference on the pistons Tgas, the
crankshaft acceleration will be affected by other torques. For instance torque
from friction Tf ric within the engine, mass torque Tmass due to movement of pis-
tons and connecting rods, torque needed to drive auxiliaries Taux, and the load
torque Tload from the driveline connected to the flywheel. Also the inertia of the
crankshaft Jcs affects θ̈.

Jcsθ̈ = Tgas + Tf ric + Tmass + Taux + Tload (1.1)

In this equation the crankshaft is assumed to be a rigid body.

To calculate the gas torque from Eq. (1.1) models of the other torques mentioned
above needs to be derived. Since the gas torque depends on contributions from
all the cylinders the next step is to estimate the gas torque Tgas,i contribution

of each cylinder from Tgas =
∑nCyl
i=1 Tgas,i . This process will be called cylinder

separation.

At higher engine speeds torsional effects might occur in the crankshaft and affects
the torque signal. Then a model of the crankshaft is needed to perform the cylin-
der separation. This has been done in [13] by using the inverse of the Fourier
transform derived from physical modeling. With some assumptions the cylin-
der separation method makes the MISO system into several single-input single-
output (SISO).

With the torque contribution from one cylinder known the in-cylinder pressure
can be calculated using the geometry of the crank-slider mechanism.

Once the pressure has been extracted from the CAD-signal, combustion parame-
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ters can be estimated using thermodynamic laws. Heat release analysis is a pro-
cedure that uses cylinder pressure to calculate the rate at which heat is released
in the combustion chamber [14]. The heat release position and shape is of special
interest when it comes to CLCC.

Another approach to estimate in-cylinder pressure is proposed in [15]. Here the
CAD-signal is used together with measured in-cylinder pressure from one cylin-
der. The measured cylinder pressure is then used as an initial estimate for the rest
of the cylinders together with a dynamic crankshaft model and simulated. The
initial induced gas torque is then corrected based on the difference between the
measured and simulated crank angle position by using an optimal signal tracking
algorithm. The algorithm is a standard linear quadratic problem.

1.2 Problem formulation

The goal of this thesis is to estimate the in-cylinder pressure using a virtual sen-
sor (VS), based on the crankshaft angular velocity measured at the flywheel on
a heavy-duty engine. By deriving models of the different torques affecting the
crankshaft acceleration in Eq. (1.1), a cylinder separation can be performed to
estimate the gas torque of a single cylinder. The proposed method in [13] will be
used. A difference from their work will be that the angular acceleration of the
crankshaft is used instead of torque measurements. To achieve this:

• Models from in-cylinder pressure to acceleration of the flywheel needs to
be derived. By using these physical models the inverse calculation from the
CAD-signal to pressure can later be performed.

• Models of other torques affecting the crankshaft is needed.

• The estimated in-cylinder pressure calculated by the VS will be compared
with measurements from in-cylinder pressure data.

1.3 Delimitations

This section is used as a reference to limit the scope of the thesis.

• The reference engine in this project is an inline 6-cylinder engine. This type
of engine will be used in the test bench when collecting data. Other models
of engines is not investigated in this thesis.

• The estimator does not need to work online. The designed estimator will
be implemented in Matlab/Simulink using sampled data to estimate in-
cylinder pressure offline.

• Since there are many engine modes in the engine management system, this
thesis will only focus on one fuel injection strategy when estimating the
pressure. Apart from the main injection a pilot injection may be used.
Strategies with several pilot and post injections will not be investigated.
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• This thesis will not estimate combustion parameters.

• Only sampled data from static working points will be used for model de-
sign.

1.4 Method

The estimator of in-cylinder pressure will be implemented in Matlab/Simulink.
The subsections below describes a preliminary approach to reach the thesis goal.

1.4.1 Flywheel acceleration to in-cylinder pressure

Before the VS will be designed an understanding of how the in-cylinder pressure
affects the flywheel needs to be known. Physical models of e.g. the crank slider
mechanism and crankshaft dynamics will then be inversed so the in-cylinder
pressure can be estimated from the flywheel acceleration.

1.4.2 CAD to crankshaft torque

To get the CAD acceleration the first approach will be to take the derivative of the
known sampled CAD-signal. Some signal processing may be needed if the CAD-
signal is perturbed. With an estimation of the crankshafts acceleration, Newton’s
second law for rotation will be used to estimate the total torque on the crankshaft.
To perform this step the inertia of the crankshaft needs to be known.

1.4.3 Cylinder separation and pressure estimate

With an estimate of the total crankshaft torque it is time to perform the cylinder
separation. This step will get the individual cylinder torque contribution. The
approach here is to use the cylinder separation proposed in [13]. The torque-
to-pressure inversion is then performed by analyzing the geometry of the crank-
slider mechanism.

1.5 Outline

The first chapter introduces the background and problem formulation to this the-
sis. Also some of the related work done in this area are presented. In chapter two
the fundamental theory needed to understand the process within an engine and
the engines auxiliary units are given. To model the engine as a complete system
the torque balancing equation is introduced to show how each sub-system affects
the rotational acceleration. The torque balancing equation is described in two
ways depending on if the crankshaft is modeled as a rigid body or flexible. The
third chapter describes the experimental part where the data used throughout
this thesis was collected. Chapter four gives the friction and auxiliary models.
The signal processing of the CAD-sensor data is described. The engine is also
simulated with two different crankshaft models to generate torque traces over an
engine cycle. The results are presented in chapter five. Comparisons are made
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with estimated torque traces from CAD-sensor data with the two crankshaft mod-
els. Using the rigid-body crankshaft model and torque trace from CAD-sensor
data an estimation of the gas torque is calculated. Finally an estimation of the
cylinder pressure using a Kalman filter is presented.





2
Engine Torque

2.1 Engine basics

This section aims to go through the fundamental parts, geometry and important
parameters of a reciprocating engine. In Figure 2.1 a Scania 6-cylinder inline
engine is shown which is similar to the one used throughout this thesis.

Figure 2.1: Scania DC1307 engine. (Reproduced with permission from Sca-
nia).

2.1.1 Four-stroke

Today most reciprocating engines operates according to the four-stroke cycle. The
four strokes are related to the piston movement inside the cylinder and a stroke
refers to a full movement of the piston, end-to-end, inside the cylinder. The com-
plete four-stroke process form a single thermodynamic cycle from which mechan-

7



8 2 Engine Torque

ical work will be extracted. When the piston has completed its four strokes the
crankshaft has turned two revolutions, which is also known as an engine cycle.

The positions when the piston is farthest from, or closest to, the crankshaft are
known as the top dead center (TDC) and bottom dead center (BDC). Dead center
is any position when the connecting rod and crankshaft align. The four-stroke
process explained below is for a CI engine.

Intake (TDC-BDC): During the intake stroke the intake valve is open and as
the piston is moving downwards the cylinder gets filled with air from the
intake manifold. The intake valve closes just before the piston reaches BDC.

Compression (BDC-TDC): The newly air-filled cylinder starts the compression
stroke. The air temperature and pressure increases as the piston moves up-
wards due to the mechanical work done on the air charge. The fuel injection
from the rail starts some crank angle degrees before the piston reaches the
TDC. In CI engines, fuel is directly injected into the combustion chamber.
The injected fuel auto-ignites due to the high pressure and temperature of
the air charge before TDC is reached. The combustion phase continues to
the expansion stroke.

Expansion (TDC-BDC): The combustion continues and finishes approximately
40◦ after TDC. Positive torque is produced on the crankshaft, via the crank-
slider mechanism, as long as the in-cylinder pressure is greater than the
pressure inside the engine block. Before the piston reaches BDC the ex-
haust valve opens, appr. 140◦ after TDC. Because the pressure inside the
cylinder is greater than in the exhaust manifold, exhaust gases start rushing
out through the exhaust port.

Exhaust (BDC-TDC): The gas inside the cylinder gets pushed out through the
exhaust port. When the exhaust valve closes near TDC the in-cylinder pres-
sure is close to the pressure inside the exhaust system. Then the four-stroke
process starts over.

The four-stroke cycle is shown in Figure 2.2.

Inlet Inlet Inlet InletExhaust Exhaust Exhaust Exhaust

Intake Compression Expansion Exhaust

Figure 2.2: Different strokes of a four-stroke engine.
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2.1.2 Crank-slider mechanism

This section will describe how the in-cylinder pressure generates torque via the
crank-slider mechanism. A basic outline of the crank-slider geometry, for one
cylinder, with relevant parts is shown in Figure 2.3.

l

TDC

s

β

θ

r

Piston

Connecting rod

Crankshaft

Figure 2.3: Crank-slider geometry.

The equations below are found in [16]. The torque generated from the pressure
difference on the pistons via the crank-slider mechanism to the crankshaft will
be referred to as the gas torque.

Tgas,i(θ) = (p(θ) − p0) ·Ap
ds(θ)
dθ

(2.1)

In Eq. (2.1) the gas torque contribution on the crankshaft is from a single cylin-
der. The equation is derived from indicated specific work. Here the pressure
inside the cylinder is a function of the crank angle p(θ). The crankcase pressure
is assumed to be constant p0, sometimes set to the ambient atmospheric pres-
sure. Ap is the piston cross section area. The distance from TDC to the piston
head, referred to as piston stroke or piston displacement s(θ), is derived from the
geometry of the crank-slider mechanism, see Figure 2.3.

s(θ) = r

1 − cos θ +
l
r

1 −
√

1 − r
2

l2
sin2 θ


 (2.2)

In Eq. (2.2) l is the connecting rod length and r the crank radius. The gas torque
in Eq. (2.1) depends on the derivative of piston stroke with respect to crank angle
θ, piston velocity in the crank angle domain, see Eq. (2.3).

ds(θ)
dθ

= r

sin θ +
r
l

·
sin θ cos θ√
1 − r2

l2
sin2 θ

 (2.3)

Later, when calculating the mass torque, the second derivative of the piston
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stroke with respect to crank angle is needed, see Eq. (2.4).

d2s(θ)
dθ2 = r

cos θ +
r
l (cos2 θ − sin2 θ) + r2

l2
sin4 θ(√

1 − r2

l2
sin2 θ

)3

 (2.4)

The derivation of Eq. (2.1)-(2.4) can be found in [16]. An alternative derivation
of the gas torque is found in [17].

In Eq. (2.1) the torque contribution of one cylinder is calculated. This thesis will
focus on a 6-cylinder engine where the angle between adjacent firing cylinders is
120◦ and the firing order is 1,5,3,6,2,4.

With θT DC,i = {0◦, 480◦, 240◦, 600◦, 120◦, 360◦} defined as the crank angle in
which the ith cylinder is in its TDC postion, the angle of the ith cylinder, as
defined in Figure 2.3, becomes θi = θ − θT DC,i .

2.1.3 CAD-sensor

At the end of the crankshaft the flywheel is mounted. Around the flywheel radial
holes are drilled as shown in Figure 2.4. The holes are drilled with a equidistant
angle of 6◦. The standard mounted sensor used here are of inductive type, it
registers when a hole passes by detecting changes in the magnetic field. The
time difference between two holes are measured with high accuracy and since
the sensor signal is synchronous with the CAD the crankshaft rotational speed
can be calculated. Two holes are omitted on the flywheel so the sensor can easily
register when the engine has turned one revolution.

Direction of rotation

CAD-sensor

Figure 2.4: Flywheel and CAD-sensor. The flywheel has radial holes drilled
on the outside of the flywheel.

Apart from the standard mounted sensor described above an optical high pre-
cision sensor was used during the experiments conducted in the test bench. A
specially developed marker disk is mounted on the flywheel. The disc has got
holes with an equidistant angle of 0.5◦ drilled into it. The optical sensor head is
fixed to the engine block. This type of sensor is too expensive to be a standard
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mounted sensor in a production engine. Also since it is of optical type it is sensi-
tive to dirt, which the inductive sensor is not. Data from the high precision sensor
was used throughout this thesis.

The measured CAD-sensor data from the test bench must be differentiated to get
the CAD acceleration θ̈. Before this can be done the measured data needs to be
low-pass filtered due to noise in the signal. Details of how the filtering was done
on the CAD-sensor data is found in Section 4.3 together with how the estimated
total torque was calculated.

2.1.4 Auxiliary units

Several auxiliary units are mounted on the engine. Some of these units are vital
for the engine to operate correctly while others are needed for the vehicle. All
of the units are connected and driven by the crankshaft. This is done in three
different ways, via a driving belt in the front side of the engine, by the transmis-
sion found behind the flywheel and lastly the fan is connected with a viscous
coupling mounted on the extension of the crankshaft on the front side of the
engine. This means that some of the mechanical work produced by the engine
will be consumed by these systems and affect the output torque to the rest of the
driveline.

This section will list the different auxiliary components found on a Scania DC13
engine. The list below considers the auxiliary systems that are connected to the
drive belt in the front end of the engine.

Alternator: The alternator converts mechanical energy to electrical energy and
is used to charge the battery and to power the electrical systems while the
engine is running. The torque needed to drive the alternator will oscillate
during one revolution but can be approximated as constant for a given op-
erating point. This constant depends on rotational speed of the alternator
and the current output from it.

AC-compressor: The ac-compressor, or pump, increase the pressure of the refrig-
erant vapor in the air conditioning system. The mechanical work performed
on the refrigerant will in the end make a more pleasant environment for the
driver in the cabin. The pump is of piston type and the torque needed to
drive the ac-compressor varies over a cycle of the compressor when it is en-
gaged. But in comparison with other auxiliary units the torque needed is
small and is assumed to be constant.

Coolant pump: To be able to remove heat from the engine a cooling system is
needed. This system removes heat by recirculating a coolant through the
engine block and through the radiator where the liquid exchange heat to
the atmosphere. The coolant pump increases the flow rate of the liquid and
thus increase the heat transfer. The coolant pump is of centrifugal type and
the torque needed to drive it depends on the rotational speed of the pump.

On the other side of the engine, behind the flywheel, the transmission that drives
the rest of the auxiliary units is found. The transmission consists of several cog-
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wheels with different gearing. With the use of cogwheels there will be no slip
which can occur on the drive belt side. The following list considers the auxiliary
units connected to the transmission.

Oil pump: The oil pump circulates the engine oil and lubricates all the moving
parts inside the engine and at the same time cools the engine by carrying
heat away from the moving parts. The oil pump is of gear type.

Air compressor: Air brakes are used on heavy-duty trucks and buses. Also when
a trailer is connected it must be linked to the brake system of the truck.
The air compressor pressurizes a storage tank and when the brake pedal is
pressed the compressed air is used to apply the brakes. The air compressor
engages when the pressure in the storage tank is low. The compressor is
of piston type and the torque needed will oscillate over a revolution of the
axis.

Fuel pump: The fuel pump consists of two different pumps connected to the
same axle. Firstly there is a low pressure pump that ensures that the fuel
circuit has the fuel it needs. It delivers the fuel from the fuel tank to the rest
of the system. This pump is of gear type. The ”low” pressurized fuel arrives
at the high pressure pump that increase the fuel pressure considerably and
delivers the fuel to the common rail system. The high pressure pump is of
piston type and the torque needed depends on the position of the pistons
meaning it will fluctuate during a revolution of the axis.

Hydraulic pump: The hydraulic pump adds controlled energy to the power steer-
ing mechanism when the driver turns the steering wheel. The power steer-
ing helps considerably when the vehicle is at stand still and at slow speeds.
Thus the torque used by the pump depends on the driving condition. This
pump is of wing type.

Camshaft: The camshaft controls the opening and closing of the exhaust and
inlet valves. The camshafts timing is of great importance and rotates exactly
at half the crankshaft speed. The camshaft lobes pushes against push rods
that in turn pushes down the valves. The springs on the valves returns them
to the closed position and at the same time return some of the energy back
on the camshaft via the push rod. This leads to variations in the torque
needed to drive the crankshaft during an engine cycle.

As mentioned earlier the fan is connected to an extension of the crankshaft using
a viscous coupling. The purpose of the fan is to cool the engine by increasing the
air flow through the radiator and at the same time increasing the air flow around
the engine. The torque needed to drive the fan depends on the state of the viscous
coupling and the engine speed.
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2.2 Torque balancing equation

Section 2.1.2 explained how the in-cylinder pressure affects the crankshaft. The
gas torque is the only torque that delivers energy to the crankshaft in an internal
combustion engine. To be able to extract the in-cylinder pressure/gas torque by
using the CAD-sensor all other torques that affect the angular acceleration of the
crankshaft θ̈ needs to be modeled. The relationship between the net external
torque and the angular acceleration is given by Newton’s second law for rotation.
For a single cylinder engine, as discussed in Section 2.1.2, the equation becomes

0 = Tgas(θ) − Tmass(θ, θ̇, θ̈) − Tf ric(θ) − Tload(θ) − Taux. (2.5)

The equation is often referred to as the torque balancing equation [6, 16]. Here,
Tmass is the mass torque due to acceleration of masses in the crank-slider mecha-
nism, Tf ric is the friction torque, and Tload is the load torque. Also included in
the equation is Taux which is the torque needed to run the auxiliary systems on
the engine. Usually this torque is included in the load torque but is here stated
explicitly. The crankshaft inertia Jcs is included in the mass torque expression.

2.2.1 Mass torque

The inertia in a reciprocating engine depends on the crank angle due to the mo-
tion of the crank-slider mechanism masses, the pistons and connecting rods. The
torque originating from this motion will be called mass torque. The mass torque
has been derived from the kinetic energy of the engine masses in motion [16].

Emass =

2π∫
0

Tmassdθ =
1
2
J θ̇2 (2.6)

The mass torque is then given by the derivative, with respect to θ, of Eq. (2.6)
and results in the following equation.

Tmass = J θ̈ +
1
2
dJ
dθ

θ̇2 (2.7)

The first term in Eq. (2.7) represents the rotational masses and the other term the
oscillating masses which have changing inertia with respect to the crank angle.
The motion of the piston may be assumed as translational inside the cylinder
and the motion of the crankshaft as rotational. The connecting rod undergoes
both a translational and rotational motion and will be simplified. This is done
by placing parts of the mass of the connecting rod in the oscillating mass and the
rest in the rotating part and the end result will become a two mass system, see
Figure 2.5.

With the center of gravity of the connecting rod known the oscillating mass be-
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Figure 2.5: Two point mass system, dividing the connecting rod.

comes.

mosc = mpiston + mrod
losc
l

(2.8)

The rotating mass consists of the mass of one crank lever together with the rotat-
ing mass of the connecting rod.

mrot
ncyl

=
mcs
ncyl

+ mrod
lrot
l

(2.9)

Where ncyl is the number of cylinders and mcs is approximated from the moment
of inertia of the crankshaft according to.

mcs =
Jcs
r2 (2.10)

Here it is worth noting that the crankshaft inertia Jcs given on the left hand side
in Eq. (2.5) is now included in the mass torque.

This two point mass approximation is known as the statically equivalent model
[6]. Still the total mass and center of gravity is still the same as for the original
body, but the splitting of the connecting rod mass changes the moment of inertia
slightly. The statically equivalent model is sufficient when it comes to model the
torsional effects in the crankshaft [6].

The kinetic energy of the two masses will then become.

Emass =
1
2

·
mrot
ncyl

· v2
rot +

1
2

·mosc · v2
osc (2.11)

The time derivative of the kinetic energy is

dEmass
dt

=
dEmass
dθ

·
dθ
dt

= Tmass · θ̇ (2.12)

The calculations of the time derivative are omitted, but the resulting mass torque
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from the piston, connecting rod and crank throw becomes.

Tmass,i(θ, θ̇, θ̈) =


mosc ·

(
dsi
dθ

)2

︸          ︷︷          ︸
Josc(θ)

+
mrot
ncyl

· r2

︸    ︷︷    ︸
Jrot

︸                            ︷︷                            ︸
J(θ)

θ̈ +
1
2

(
2 ·mosc

dsi
dθ

·
d2si
dθ2

)
︸                  ︷︷                  ︸

dJosc (θ)
dθ︸                     ︷︷                     ︸

f (θ)

θ̇2 (2.13)

The derivation of Eq. (2.13) can be found in [16]. Here it is worth noting that
the second term depends on engine speed squared, θ̇2, and grows large at higher
RPM.

Constant inertia and speed mass torque

Further some simplifications can be done to the mass torque in Eq. (2.13) [6].
The varying inertia part takes on values between zero and mosc · r2 and can be
approximated by its mean value.

Josc(θ) = mosc ·
(
dsi
dθ

)2

≈ Josc =
mosc

2
· r2 (2.14)

The constant approximation can be done since it is only a small part of the total
inertia of the crankshaft. Note that the simplification is only done in the first term
of Eq. (2.13), otherwise the second term will become zero. Also the crankshaft ro-
tational speed θ̇ can be approximated as constant ω even though it varies during
the revolution of the crankshaft. With these simplifications the mass torque then
becomes

T mass(θ, ω, θ̈) =
(
Josc +

mrot
ncyl

· r2
)
θ̈ +

1
2

·
dJosc(θ)
dθ

ω2. (2.15)

This will be referred to as the constant inertia and speed mass torque. When a
dynamic model of the crankshaft is used, this approximation of the mass torque
will be used. The errors introduced with constant inertia and constant speed are
studied in [6].

2.2.2 Friction Torque

The friction torque is here defined as the parasitic losses due to resistance to
relative motion of moving parts within the engine, friction. By removing part
by part on an engine and perform motored test with different engine speeds, the
friction of each component can be estimated. The procedure is known as engine
break down test [18]. Models of the friction of different components within the
engine is found in Section 4.1.
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2.2.3 Load Torque

In the test bench a dynamometer is connected to the flywheel of the engine which
measures the torque output on the flywheel. In this thesis the measured torque
from the dynamometer will be the load torque Tload .

2.2.4 Auxiliary torque

Models of all the auxiliary components listed in Section 2.1.4 is needed. Modeling
a component is a very time consuming work and in this thesis models available
within Scania is used. More details on this can be found in Section 4.2.

2.3 Crankshaft as a rigid body

When assuming the crankshaft to be stiff it can be modeled as a rigid body. The
torque balancing equation can then be used.

J(θ)θ̈ = Tgas(θ) − f (θ)θ̇2 − Tf ric(θ) − Tload(θ) − Taux (2.16)

In the equation above the gas torque Tgas(θ) will be the summed contribution
from all cylinders. This makes it possible to write the total gas torque as.

Tgas(θ) =
6∑
i=1

(p(θi) − p0) ·Ap · r ·

sin θi +
r
l

·
sin θi cos θi√
1 − r2

l2
sin2 θi

 (2.17)

The moment of inertia is the sum of all cylinders and depends on crank angle.

J(θ) =

mrot · r2 + mosc

ncyl∑
i=1

(
dsi
dθ

)2
 (2.18)

Also the oscillating part of the mass torque becomes a sum over the cylinders.
The oscillating mass torque then becomes.

f (θ)θ̇2 =
1
2

2 ·mosc

ncyl∑
i=1

dsi
dθ

·
d2si
dθ2

 θ̇2 (2.19)

The rigid body approach is investigated to see if it is sufficient to model the en-
gine. Due to its simplicity the calculations using this approach will not be so
complex. The cylinder separation using this approach will be similar to the one
described in Section 2.5, but without the dynamic models.
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2.4 Crankshaft dynamics

During normal engine operation the crankshaft will be exposed to oscillatory
torques that will twist parts of the crankshaft relative to other. This is due to the
cyclic operation of the engine. The crankshaft has got resonate modes that are
more or less excited by the combustions [13].

In this section a model of the crankshaft capable of describing these dynamic
torsional effects is described. The crankshaft is modeled as rotating masses inter-
connected with linear springs and dampers, spring-mass-damper system, which
is often used to model torsional effects in a crankshaft [6, 13, 19, 20]. The ro-
tating masses are the damper wheel, crank-slider mechanisms and flywheel all
which are assumed to be rigid bodies. These masses will be referred to as nodes.
The axis connecting the nodes are modeled as parallel linear springs, Ki,i−1, and
dampers, Ci,i−1, and will be called relative elements. The springs will store po-
tential energy when twisted and together with the dampers model the torsional
behavior in the crankshaft. This means that some of the gas torque contribution
will be stored in the elements for a short period of time and will be released some-
what later, especially during the combustion when the gas torque magnitude is
much bigger than any of the other torques affecting the crankshaft. As the com-
bustion frequency gets closer to the resonate modes of the crankshaft it will have
greater torsional effects.

The spring-mass-damper system is illustrated in Figure 2.6. The inertias Ji of
each node needs to be known. The flywheel and damping wheel have constant
inertias. The crank-slider mechanism for each cylinder has, as showed in Section
2.2.1, a angle-dependent inertia and is nonlinear. The simplification with con-
stant inertia and constant speed, Eq. (2.15), will instead be used in the dynamic
crankshaft case. The inertia for each cylinder node i = 3..8 will then be.

Ji = Josc +
mrot
ncyl

· r2 (2.20)

This simplification is one step towards making the spring-mass-damper system
linear.

Also seen are the dampers Ci connected between the nodes and a non-rotating
frame. These dampers model the friction losses in the different bearings in the
crankshaft system, and will be referred to as absolute elements.

As part of the design phase of the crankshaft, pistons and connecting rods the
inertia and the constants of the relative springs and dampers are calculated [6].

In Figure 2.6 the external torques Ti are included. The torque from auxiliary
systems connected to the drive belt in the front end of the engine will be an input
on the front end mass T2. At the flywheel the load torque measured by the engine
brake in the test cell are summed together with the torque from the auxiliary
systems connected to the transmission side. In the case of torque input from
each cylinder it is affected by three different torques, gas torque, mass torque



18 2 Engine Torque

and piston friction. The mass torque input will be the second term in Eq. (2.15).

Tp,i =
1
2

·
dJosc(θ)
dθ

·ω2 (2.21)

The piston friction is small in comparison with gas and mass torque and will thus
be assumed to be zero in this thesis work. The torque input of each cylinder then
becomes.

Ti = Tgas,i(θ) + Tp,i(θ, ω) (2.22)

The 6-cylinder engine will be modeled with nine masses. Each mass will have an
angle θi and angle velocity θ̇i . The motion equations for each rotating mass can
be written as follows.

Ji θ̈i = Ci+1,i(θ̇)i+1 − θ̇i + Ki+1,i(θi+1 − θi), for i = 1 (2.23)

Ji θ̈i = Ci+1,i(θ̇)i+1 − θ̇i − Ci θ̇i + Ki+1,i(θi+1 − θi) + Ti , for i = 2..8 (2.24)

Ji θ̈i = Ci+1,i(θ̇)i+1 − θ̇i − Ci θ̇i + Ki+1,i(θi+1 − θi) + Tload , for i = 9 (2.25)

With this multi-body extension the torque balancing equation may be expressed
as

Jθ̈ + Cθ̇ + Kθ = Tgas(θ) + Tf ric(θ) + Tload(θ) + Tmass(θ) (2.26)

Here θ̈, θ̇ and θ are column vectors with the dimension [9×1]. The inertia matrix
J will be diagonal, the spring C and damping K matrix will have a 2 × 2 across
the diagonal, tridiagonal, due to the interconnected springs and dampers. The
dimensions of these matrices will be 9 × 9. All torques will be column vectors
that depends on the angle of the cylinder relative to the crankshaft.

J1

Damping wheel

J2 J3 J4 J5 J6 J7 J8 J9

K21

C21 C32 C43 C54 C65 C76 C87 C98

C3 C4 C5 C6 C7 C8

K32 K43 K54 K65 K76 K87 K98

T3 T4 T5 T6 T7 T8

Cylinders Flywheel

Tload

Figure 2.6: 9 DOF lumped torsional vibration model of a 6-cylinder engine.
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2.4.1 State-space model

By introducing θi and (θi(t) − θi−1(t)) as states in Eq. (2.23)-(2.25) it is possible
to write the dynamic crankshaft model in state-space form. The state vector will
be of size 17 × 1. This is the same approach as used in [19].

xT = [θ̇1, θ̇2, θ2 − θ1, θ̇3, θ3 − θ2, θ̇4, θ4 − θ3, θ̇5, θ5 − θ4,

θ̇6, θ6 − θ5, θ̇7, θ7 − θ6, θ̇8, θ8 − θ7, θ̇9, θ9 − θ8]
(2.27)

If the angular positions of each inertia is used in the input torques the state-space
equations will be nonlinear [19]. The state-space representation can be written
as follows

ẋ(t) = f (x(t), u(t))

y(t) = h(x(t), u(t))
(2.28)

Where u(t) is the input torques to the crankshaft. By using the measured output
from the flywheel θ̇ and using this as angular velocity to the input torques u(t)
the inputs will be independent of the states and can be calculated separately. This
approximation make it to a continuous-time LTI state-space system

ẋ(t) = Ax(t) + Bu(t)

y(t) = θ̇1(t) = [1, 0, . . . , 0]x(t)
(2.29)

For further details the reader should look into [19].

2.5 Cylinder separation
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Figure 2.7: Crankshaft torque model with six parallel SISO systems of a 6-
cylinder engine.
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The process of estimating individual torque contributions of a firing cylinder
form the angular acceleration will be referred to as cylinder separation. The
method used here was first described in [13].

With a linear MISO crankshaft model it is possible to separate it to parallel trans-
fer functions. By sending an impulse through the MISO system, on each input
one at the time, the output becomes the impulse response hi of the transfer func-
tion Hi(jω) of each SISO system. The separation and the resulting parallel SISO
systems are shown in Figure 2.7. The impulse response relates the torque input
Ti from one cylinder via the crank throw to the crankshaft. The total torque the
crankshaft is exposed to, from all the cylinders, then becomes.

Tcs =

ncyl∑
i=1

hi ∗ Ti (2.30)

Where ∗ denotes the convolution.

The system inversion method requires that only one input signal at a time is
to be estimated, the other must be regarded as known. This means that only
one cylinder is in its combustion phase at each time instance. A combustion
starts at ∼ 5◦ before TDC and finishes at ∼ 40◦ after TDC. In figure 2.8a pressure
traces for all six cylinders are shown. For cylinder three, the combustion starts at
∼ 235◦ and finishes at ∼ 280◦. Cylinder five was in its combustion phase between
115◦ − 160◦ and cylinder six between 355◦ − 400◦. Because there is no overlap
it is clear that only one cylinder is in its combustion phase each time instance
meaning that the requirement is fulfilled for a 6-cylinder engine. During the
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Figure 2.8: Pressure traces for three cylinders and corresponding gas
torques. Vertical dashed lines indicate TDC.

interval when cylinder three is firing, adiabatic models for cylinders five and six
can be assumed. The rest of the cylinders, which are in the gas exchange cycle,
can be assumed to have the same pressure as the intake or exhaust manifold.
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In figure 2.8b the gas torque from each cylinder is shown. It is obvious that all
cylinders affect the total torque of the crankshaft during the combustion phase of
cylinder three thus models of the pressure for the rest of the cylinders is needed.
This thesis uses the measured pressure from cylinder six as a first approach to
see what kind of results that can be made.

The torque contribution from the non-combusting cylinders can then be removed
from the total torque Tcs calculated from the CAD-signal after being sent through
each SISO system Hi(jω).

The remaining torque signal will be the contribution of the cylinder which is in
its combustion phase together with crankshaft oscillations due to torsion. To re-
move the oscillations this signal will be filtered through the inverse SISO system
H−1(jω) for the cylinder which is in its combustion phase. The output will be all
the torque contributions from that cylinder. By subtracting the mass and friction
torque from this signal the gas torque is extracted. The cylinder separation is
shown in Figure 2.9.
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Figure 2.9: Cylinder separation strategy. Here the torque contribution of
cylinder six is separated.

With an estimation of the gas torque it is possible to calculate the cylinder pres-
sure by using the inverse crank-slider function or can be estimated by using a
Kalman filter estimator.





3
Experimental setup

To be able to design and validate the models, experiments have been performed.
This has been done on a Scania DC13 engine in a test cell. The experiments were
performed together with other thesis workers and some of the collected data was
never used in the development of the VS in this thesis.

The engine specific data is presented in Table 3.1.

Table 3.1: Engine specification.
Engine DC13
Firing sequence 1-5-3-6-2-4 each 120o

Displaced Engine Volume 12,74 dm3

3.1 System overview

An overview of the experimental setup can be seen in Figure 3.1. There are two
main groups of measured data sets. One group was continuously sampled with
a high frequency and the other was averaged data. The continuously sampled
signals are CAD based and most are sampled every 0.1 CAD, these measurements
are listed below.

• In cylinder pressure. This was measured on the 1st and 6th cylinders.

• Crank angle encoder. The CAD was measured using an optical sensor every
0.5 degrees. These measurements are then interpolated to yield a resolution
of 0.1 degrees.

• Intake/Exhaust pressure.

23
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Figure 3.1: An overview of the experiment setup in test cell. (Reproduced
with permission from Johansson (2015)).

• Rail pressure. This signal was sampled in the time domain with a frequency
of 50 kHz.

• Knock sensors. These sensors were mounted on the exhaust side of the
cylinder block. Two sensors were mounted on the engine, one on cylinder
one and the other on cylinder six.

This list includes the measurements which are averaged over one or several en-
gine cycles.

• Intake/Exhaust temperatures.

• Brake torque. The produced torque from the engine was measured as an av-
erage over an engine cycle. This was measured through the dynamometer.

• NOx sensor. This sensor measures the oxygen level in the exhaust gases.
This is then used to calculate Lambda (air/fuel mixture).

• Oil temperature. Temperatures in the oil were measured on several posi-
tions on the engine e.g. oil sump, piston gallery and temperature differ-
ences over auxiliary components.

Some signals were model-based and calculated in the ECU. These signals were
available and was saved alongside the other data sets. The signals are listed be-
low.

• Estimated amount of fuel injected.

• SOI.

• SOC.

• Fuel amount in the main and pilot injection.
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3.2 Experimental procedure

The test were divided into stationary working points, dynamic ramps, adjusted
SOI and long term oil degradation tests. In this master’s thesis, data from the sta-
tionary working points is used to evaluate the virtual pressure sensor and engine
simulations.

Stationary working points A total of 36 working points were tested. Each work-
ing point consist of an engine speed and an engine load. Each load was tested
for each speed. The working points can be seen in figure, 3.2. The experiment
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Figure 3.2: Stationary working points. (Reproduced with permission from
Johansson (2015)).

was conducted so that one starts in a high load and speed. Then the speed is
decremented from the highest to the lowest speed. Then the load case was decre-
mented one step and the speed varied as before. This was repeated until all
working points had been tested, see figure 3.2.

For each working point the engine was assumed stabilized when the exhaust
gases had reached a steady state temperature. Then the measurements were per-
formed on approximately 50 engine cycles. This process took around 5 min.

Dynamic ramps The ramps were performed in speed and in load. The ramp
was performed in a similar manner as before with the exception of a continuously
varying load or speed. Each ramp was repeated three times. The test cases were,

• Constant load, ramp in speed. This was made for a constant load of 50%.
Two different starting speeds were used, 800 and 1200 RPM. The slope of
the ramp was 40 RPM/s over 5 seconds.

• Constant speed, ramp in load. Two test were performed. The first one
started with engine speed 1200 RPM and 1200 Nm torque. During the
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second ramp the initial engine speed was set to 1500 RPM and 800 Nm
torque. Each ramp in torque were set to 100 Nm/s over 5 seconds.

Adjusted SOI During these tests the engine load 75% was kept constant. The
tests were made for two engine speeds, 1200 RPM and 1900 RPM. For these two
cases the fuel injection timing was changed between 0,±2,±10 CAD.

Oil temperature The engine was kept running during nights to allow for more
long term experiments of the oil degradation.

3.2.1 Data collected

In this thesis the CAD-sensor data is of great importance together with measured
in-cylinder pressure. In Figure 3.3a a pressure trace from one of the stationary
operating points is show. The goal of this thesis is to be able to reconstruct this
pressure trace by using the CAD-sensor data signal which is shown in Figure
3.3b. The CAD-sensor data was also used to validate that the engine specific
parameters were correct.
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Figure 3.3: Examples of data collected during the experimental procedure.
Both data sets are shown for one engine cycle.



4
Torque modeling

In Section 2 models describing the gas and mass torque are given. To be able to
simulate the engine from in-cylinder pressure to flywheel acceleration using the
torque balancing equation, models of the remaining torques is needed. This sec-
tion sums up the friction and auxiliary models. This makes it possible to simulate
the engine by connecting all torque models with the rigid body or dynamic model
of the crankshaft. Also the modeling of the CAD-sensor data to an estimate of
the total torque is described.

4.1 Friction models

The friction models available within Scania were estimated on an engine similar
to the one used in the experiments for this thesis. The models were derived and
validated from engine strip down experiments. The principle of an engine strip
down test is to remove components in the engine step by step and perform mo-
tored tests at different engine speeds and look at the difference in torque needed.
The resulting models are of mean effective pressure type (MEP).

By using the following expression the average torque per cycle can be calculated
from the MEP models.

T =
MEP · 105 ·VD

2π · nr
(4.1)

Here VD is the volume displaced per cycle and nr is the number of revolutions of
the crankshaft to complete an engine cycle. Since the MEP models are given in
Bar the conversion factor is needed to get the pressure expressed in Pascal.

27
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Crank train The friction contributions for the crank train are main bearing, seal-
ing, cam shaft bearing and transmission. The friction model for the crank train
is.

MEPcrank = Kcr1 + Kcr2 · neng + Kcr3 · n2
eng (4.2)

The crank train friction increases with engine speed.

Piston group The friction contributions in the piston group comes from the
ring package, skirt, big and small end bearings. The friction model was derived
between motored engine tests with and without pistons and connecting rods. The
friction model is expressed as.

MEPpiston = Kpi1 + Kpi2 · neng + Kpi3 · n2
eng (4.3)

The friction increases with engine speed.

Valve train The friction contribution for the valve train are cam/roller contact,
roller tappet, pushrod, rocker arm, valve bridge pin and the valve guide. See
Figure 4.1.

Figure 4.1: Valve train. (Reproduced with permission from Scania).

The MEP model for the valve train is.

MEPvalve = Kval1 + Kval2 · neng + Kval3 · n2
eng (4.4)

Oil temperature compensation The friction models above have been calibrated
for one oil temperature. Since it is known that the friction is dependent on the
oil temperature a compensation model is introduced.

MEPoil = Koil1+Koil2 · Toil + Koil3 · T 2
oil (4.5)

With lower oil temperature the friction increases.
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Motoring vs firing These models capture the friction torque during motored
conditions. During firing condition the contact forces will change on the different
components and as a result the friction will change.

For example during the combustion phase the piston will move about inside the
cylinder and thus the ring package will exert greater forces on the cylinder liner.
Also the bearings friction in the big and small end will increase. Another example
is that the pressure difference between the exhaust manifold and cylinder will
affect the valve plate differently during the opening of the valve after combustion.
This will in turn affect the load on the valve train. Deriving models of the friction
during firing condition is very difficult task.

4.1.1 Dynamic crankshaft friction input

When simulating the engine with a dynamic crankshaft model all of the above
mentioned friction models will be summed together and included in Tload in Eq.
(2.25) , load at the flywheel.

4.2 Auxiliary models

In Section 2.1.4 the different auxiliary units are listed. In this section the torque
models of the different units will be described. Some of the auxiliary units mounted
on the test engine was not engaged during the experiments in the test bench.

4.2.1 Drive belt side

Alternator: The alternator is modeled as a static torque contribution. The fol-
lowing model is based on the balance between mechanical and electrical power.

Talt =
U · I
η ·ωalt

(4.6)

U is the voltage from the alternator and I the current requirement. ωalt is the
rotational speed of the alternator and η its efficiency. The torque affecting the
crankshaft depends on the gear ratio GTalt between the crankshaft and alternator

Tcrank alt = GRalt · Talt (4.7)

The alternator was disengaged during the experiments in the test cell, I = 0. Still
it was connected and driven by the drive belt. Instead of using the model above
the torque needed was set to a constant Tcrank alt .

AC-compressor The torque needed to drive the AC-compressor depends on if
it is engaged or not. Both states are modeled as constant. As for the case of
the alternator the AC-compressor was connected with drive belt and disengaged
during the experiments.
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Coolant pump The coolant pump mounted on the engine in the experiments
was of high performance type. Different types of coolant pumps are used de-
pending on engine.

By using data previously collected in a test rig and perform polynomial fitting in
least-squares sense the following equation express the relation between needed
pump torque and pump speed.

Tcool = Kco1 + Kco2 · npump + Kcol3 · n2
pump

npump = GRcool · neng
(4.8)

The coolant pump has a gear ratio GRcool to the engine speed thus the torque
affecting the crankshaft becomes.

Tcrank cool = GRcool · Tcool (4.9)

4.2.2 Transmission side

Oil pump: A model describing how much power the oil pump needs at a given
point is as follows.

Ėoil =
neng ·GRpump ·Vpump · ηvol · (Paf t − Pbef )

600
(4.10)

Here neng is the engine speed, GRpump is the gear ratio between the crankshaft
and oil pump and Vpump is the volume size of the pump. The difference in pres-
sure before and after the pump Paf t − Pbef is a polynomial function calculated
from data from engine tests and depends on the pump speed noil = GRoil · neng
and oil temperature Toil . The volumetric efficiency ηvol is modeled from rig mea-
surements. This is modeled as polynomial functions depending on the oil pump
speed and pressure difference. The power becomes a function depending on oil
temperature and engine speed. The MEP model for the oil pump becomes.

MEPoil =
1200 · Ėoil

nengine ·Vengine
(4.11)

Air compressor: The air compressor can either be loaded or unloaded. The
case when the air compressor is loaded it increases the pressure in the storage
tank. The compressor mounted on the engine have two pistons where each piston
compresses air once during a revolution of the axis they are connected to. Due
to this the torque needed oscillates twice during an axis revolution. The torque
also depends on the pressure in the storage tank and the speed of the engine.
Unfortunately no model that capture the dynamics of the air compressor at the
loaded case exist at the moment.

The following MEP model was build from rig measurements of an unloaded air
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compressor.

MEPair = Kair1 + Kair2 · nair + Kair3 · n2
air

nair = GRair · neng
(4.12)

The air compressor was never loaded during experiments in the test cell so the
MEP model was used.

Even with an accurate torque model of the loaded case, the gear ratio with the
crankshaft makes it difficult to phase the oscillating torque curve with the crankshaft.

Fuel pump: Since the high pressure part of the fuel pump is of piston type the
torque needed to drive it oscillates during a revolution. The fuel pump mounted
has got two pistons, each piston pumps fuel to the common rail two times during
one revolution of the shaft which is of cam type. The fuel pump has a gear ratio
of one relative the crankshaft and thus four pulses occur during a revolution of
the crankshaft. Since it has gear ratio one relative the crankshaft the pulses occur
at the same CAD cycle after cycle. Simulated data with the torque oscillations in
the form of a look-up table from CAD to fuel pump torque was found. A problem
is that when the fuel pump is installed on the engine it is not phased in an exact
way to the crankshaft, which e.g. the camshaft is. Because of the fluctuation it is
important that the simulated data is phased correctly to be of any use. Instead a
static mean value model in the form of look-up tables has been used.

Camshaft: The torque needed for the camshaft to open the intake and exhaust
valves depends on the operating point. The valves are only open during the gas
exchange strokes and because of a overlap with intake and exhaust valves the
camshaft consumes energy during this interval. When the valves are open the
springs will store energy which will be returned when the valves are closed and
thus the camshaft returns some torque. From simulated data the torque oscil-
lates six times during one revolution of the camshaft because of six gas exchange
strokes.

Hydraulics pump: During the experiments in the test cell the hydraulics pump
needs considerably less torque compared to when the engine is mounted in a
truck. In the test cell the pump is only dragged. Thus a constant torque value
Thyd is set.

4.2.3 Fan

Fan model: The model that describes the amount of torque the fan needs at a
given engine speed is as follows.

Tf an = Kf an1 + Kf an2 · neng + Kf an3 · n2
eng (4.13)

The model above is fitted to data when the viscous clutch is fully engaged, which
was the case when experiments are conducted in a test cell.
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4.2.4 Dynamic crankshaft auxiliary inputs

When simulating the engine with a dynamic crankshaft model the auxiliary mod-
els will be split up in two groups. All auxiliary systems on the drive belt side
will, together with the fan, become a summed torque input to node two Taux,2
in Eq. (2.23). The auxiliary systems connected to the transmission side will be
a summed torque input Taux,9 to node nine, together with the friction and load
torque Eq. (2.25).

4.3 Estimated torque from CAD-data

This section describes the signal processing of the CAD-sensor data. The optical
sensor register when a hole on the marker disk passes by. At the same time a fast
clock times the elapsed time from previous hole, Ti . Since the marker disk has a
resolution of 0.5◦, each engine revolution will get 720 time samples. To calculate
the instantaneous engine speed the following equation is used.

θ̇i = 2π ·
1

720 · Ti
(4.14)

4.3.1 Filtering the CAD-signal

The engine speed is synchronous with CAD. This signal is re-sampled with an
equidistant time by using Matlabs interp1 function. The equidistant sampling
time is set to ts = t360◦ /720 where t360◦ is the total time of one revolution of the
crankshaft. Without the interpolation the frequency content of the signal will be
misinterpreted when analyzing it with the FFT and also the filtered signal will
be different when sent through a low-pass filter. The resulting θ̇ is shown in
Figure 4.2. Also shown is the result when θ̇ is differentiated by using the central
difference rule to avoid phase shift. The resulting θ̈ is very noisy and it is evident
that the engine speed signal needs to be filtered before being differentiated.

The frequency content in the CAD-signal changes with engine speed. Thus the
filter cut-off frequency needs to be adjusted depending on engine speed. When
analyzing the frequency content of a rotating system with overloaded frequencies
it is normal to talk about oscillations per axle revolution. The frequencies will
then be normalized with the engine speed. One oscillation per axle revolution
will be referred to engine order one. Instead of setting a cut-off frequency in
[Hz] in the filter, the cut-off is designed with respect to engine order. In this
thesis work, data from stationary operating points was used and a low-pass filter
was designed for each engine speed. Since the data was processed off-line a non-
causal filter was used. A fifth order low-pass Butterworth filter was used together
with Matlab function filtfilt to perform the filtering. The decision of using
a fifth order Butterworth filter was made by analysing the FFT after the CAD-
signal was filtered.

In order to decide at which engine order the cut-off should be set, different cut-
offs were tested. In Figure 4.3 the results of six different cut-offs are shown when
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Figure 4.2: Non-filtered engine speed signal above. The differentiated signal
below.

applied to angular speed θ̇ which was then differentiated to get the angular ac-
celeration θ̈.
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Figure 4.3: Modeled θ̈ from CAD-signal filtered with different cut-off fre-
quencies, engine orders.

The decision where to set the cut-off order was a difficult task. It was based on the
engine simulations described in the next section. When compared with the rigid
body crankshaft model the cut-off was set too low and removed torsional effects
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from the signal. This was evident later in the thesis work when the dynamic
crankshaft model was simulated. In the end the cut-off was set to the 15th engine
order.

In Figure 4.3 the oscillating behavior on the retardation is due to crankshaft tor-
sion. Also the shape of the peaks are due to torsion. Even at low engine speeds,
as shown in figure, this phenomenon exist in a heavy duty engine.

4.3.2 Torque estimation from CAD-signal

With the angular acceleration θ̈ of the crankshaft known a torque estimation
can be calculated by multiplying it with the crankshaft inertia. Since the inertia
is depending on crankshaft angle J(θ), it is crucial to phase it correctly. The
resulting torque model from CAD-data becomes

TCAD (θ) = J(θ) · θ̈. (4.15)

4.4 Engine simulations

With the friction and auxiliary models stated in previous sections, the complete
engine can now be simulated. All engine specific parameters have been collected
from data sheets over the different components.

4.4.1 Rigid body crankshaft

First, the engine is simulated with a crankshaft that is assumed to be a rigid body.
The sum of all torques affecting the crankshaft is the right hand side of Eq. (2.16).

Trbm(θ, θ̇) = Tgas(θ) − f (θ)θ̇2 − Tf ric(θ) − Tload(θ) − Taux (4.16)

This rigid body model results in a torque trace that is periodic with 120◦ because
the torque models are constant or periodic with 120◦. In Figure 4.4 three different
engine speeds at 50% load are simulated. Because of the periodic signal, it is
interesting to analyze Trbm between two combustions, e.g. 0◦ to 120◦, to see how
the different torque models affect the total rigid model output.

The torque measured in the test bench Tload , which is constant for an operat-
ing point, has been subtracted for all CAD. At 0◦ the torque is negative. This
is mainly because of the load. Friction in the engine and the torque needed to
drive the auxiliaries contribute to negative torque. Also the cylinder next to go
into the combustion phase is starting its compression phase. Still the cylinder
that is in its expansion phase gives a positive torque contribution. The cylin-
der which currently is in its combustion phase is at TDC and does not give any
torque contribution since the lever in the crank-slider mechanism is zero. Figure
2.8b shows that the gas torque from the three mentioned cylinders mainly affect
the crankshaft in a 120◦ region.

Between 5◦-60◦ the torque from the firing cylinder dominates and the magni-
tude is proportional to the in-cylinder pressure. In the same interval energy gets
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stored in the moving masses within the engine. Still torque is needed for friction,
auxiliaries and the compressing cylinder.

After 60◦ the shape of Trbm looks different depending on the engine speed θ̇.
Since the mass torque depends on θ̇2, with increasing speed more energy is stored
in the masses. In a heavy duty engine the pistons and connecting rods have con-
siderably larger mass in comparison to a car engine.

The stored kinetic energy in the masses are returned between 60-120 degrees.
The mass torque phenomenon is seen with increasing engine speed. This is
clearly showed in Figure 4.4. At 1600 RPM the return of energy, mass torque,
is clearly seen and it is even more evident at 1900 RPM when a local torque max-
imum occurs. The cylinder that undergoes compression is the main factor to the
negative torque at this interval and has got a local minimum at ∼ 100◦. After this
point the torque needed to continue the compression becomes less due to that
the lever arm decreases as the piston is moving towards TDC. By studying the
interval 0◦ − 120◦ in Figure 4.4 the main difference in shape is due to the mass
torque.
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Figure 4.4: Simulation results from different engine speeds when the rigid
body crankshaft model is used.

4.4.2 Dynamic crankshaft

By introducing a nine degree of freedom lumped torsional vibration model, see
Figure 2.6, the crankshaft gets a dynamic behavior. With all torque models set
correctly to each mass, the simulation will calculate the angular speed θ̇dcm of the
flywheel. The estimated torque output from this model is calculated in a similar
way as the estimation of torque from the CAD-sensor. First the output is filtered
with the non-causal filter with the cut-off designed for the engine speed, then it is
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differentiated in the same way as described in Section 4.3.1. Then the crankshaft
inertia J(θ) is phased correctly to θ̈dcm. The estimated torque from the dynamic
crankshaft model becomes

Tdcm(θ) = J(θ) · θ̈dcm. (4.17)

In Figure 4.5 a torque trace for an engine cycle is shown. The static operating
point simulated is 1200 RPM and 50% load. The torque trace is no longer periodic
with 120◦, as it was with a rigid body crankshaft model. Instead it is periodic with
720◦. The shape between two vertical TDC lines, 120◦, depends on how far away
the firing cylinder is from the flywheel. The first peak after TDC is narrower
and the magnitude is greater the further away the firing cylinder is. Also the
second peak is more distinguished in that case. This indicates that the torsion
is greater in the crank lever further down the crankshaft relative to the flywheel.
With a spring-mass-damper model of the crankshaft the oscillating behavior in
the torque trace increases with engine speed. Still at the operating points run at
the lowest engine speed, 800 RPM, oscillations occur that was not captured with
the rigid body model.
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Figure 4.5: Modeled torque with a dynamic crankshaft model. The vertical
lines indicate when the firing cylinder is at TDC.



5
Results and discussion

In this section comparisons between the estimated torque calculated from the
CAD-sensor data TCAD and engine simulations are done. The first comparison is
between calculated torque on the flywheel Trbm using the rigid body crankshaft
model and TCAD . Then TCAD is compared with the flywheel torque Tdcm from en-
gine simulations using the spring-mass-damper model of the crankshaft to model
the torsional effects. In order to estimate the torque contribution of a single cylin-
der, the cylinder separation was done with a rigid body model. The estimated
torque trace from the separation is then used to estimate the in-cylinder pres-
sure.

5.1 Comparison between TCAD and Trbm
The rigid body crankshaft torque model is compared with the torque model es-
timated from the CAD-sensor data. The two models will be compared over a
complete engine cycle for different operating points.

Here the simulated torque trace from the rigid body model is the summed torque
contributions from the different torque models described in previous chapters.

Trbm(θ̇, θ) = Tgas − f (θ)θ̇2 − Taux − Tf ric − Tload (5.1)

The measured CAD-signal has been modeled to get an estimate of the flywheel
torque according to Section 4.3.

TCAD (θ) = J(θ) · θ̈ (5.2)

The two equations above are the right and left hand side of the torque balancing
equation, Eq. (2.5). If Trbm captures all phenomenon between the pressure inside

37
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the cylinders to the flywheel the two torque traces should be equal and overlap
each other. The results are shown in Figure 5.1. In addition to the two signals the
difference Terror = TCAD − Trbm between them is also shown.
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Figure 5.1: Comparisons between TCAD and Trbm at six different operating
points. The vertical dotted lines indicates when the firing cylinder is at its
TDC.
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5.1.1 Discussion

The rigid body model is compared with the estimated torque derived from the
CAD-signal for three different engine speeds 800 RPM, 1600 RPM and 1900 RPM.
Two load points are tested for every engine speed, 50% and 100 % load. The firing
sequence in a six cylinder inline engine is 1, 5, 3, 6, 2, 4. The engine simulations
with a rigid body crankshaft model uses the measured in-cylinder pressure from
cylinder six as input to all cylinders, thus making the total gas torque periodic
with 120◦. In the real case each cylinder pressure deviates slightly. Due to the
shape of the inlet manifold each cylinder can not get the same amount of air
during the intake stroke. The engine temperature is not constant for all cylinders,
the front end of the engine is cooler due to better air flow. It is also less heated
by the rest of the cylinders. The fuel injectors might differ in the amount of fuel
injected. Since not all the cylinders were fitted with pressure sensors in the test
bench, pressure data from cylinder six was used.

In Figures 5.1a-b the comparison between the two torque models at 800 RPM for
50% and 100 % load is shown. The modeled torques overlap quite well at this
engine speed. Still there are some parts of the TCAD trace that is not captured by
Trbm. Most notable in TCAD is that the maximum torque peak is different depend-
ing on which cylinder that is firing (Discussed below). Also after the maximum
peak there is a oscillating behavior when the torque is decreasing. One also no-
tice that when the firing cylinder is further away from the flywheel the estimated
torque maximum in TCAD is more delayed. The greater the maximum peak, a
more oscillating behavior is observed. This can be seen clearly in the figures. The
torque difference Terror clearly shows that it is not only during the two mentioned
sections that there is a difference between the two models. Even when it looks like
they overlap well there is a difference. The error is smallest between 360◦-480◦

when cylinder six is firing.

The maximum torque peak and oscillating behavior can not be explained by lack
of pressure data for all cylinders, since the pressure difference between cylinders
is not that large. The origin of this error can nor be explained by faulty friction or
auxiliary models since the magnitude of the error is much larger. Also the period
does not coincide with any of the auxiliaries with changing torque depending on
the CAD, camshaft and fuel pump.

Table 5.1: Mean absolute torque error between rigid body model and CAD
torque for each cylinder at 800 RPM. The mean error is calculated from TDC
to 120◦ after TDC.

Cyl 1 Cyl 2 Cyl 3 Cyl 4 Cyl 5 Cyl 6
50% 250 Nm 200 Nm 200 Nm 150 Nm 150 Nm 100 Nm

100% 450 Nm 300 Nm 300 Nm 250 Nm 200 Nm 150 Nm

In Table 5.1 the mean absolute error for each 120◦ region for both load cases at
800 RPM is shown. The largest error is found in the angle area when cylinder one
is firing. One must remember that cylinder one is in the front end of the engine
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and furthest away from the flywheel. More likely to explain the oscillating torque
error is that the crankshaft is easier to twist from cylinder one. The torsional
effects stores energy in the crankshaft when it gets turned up. Later this energy
will be returned when the crankshaft untwist itself. This is probably the reason
for the oscillatory behavior seen in the torque error between TCAD and Trbm. In
Table 5.1 the trend is that the error decreases when the firing cylinder is closer
to the flywheel. The reason why the error is not declining "cylinder by cylinder"
in the table could be because each 120◦ region is not only affected by the firing
cylinder. But the error for cylinder one is always larger in mean compared to
cylinder six.

The increase of Terror at the higher load is explained by that more energy is re-
leased in the engine. This leads to larger torsion since the energy has to pass via
the crankshaft to the flywheel.

In Figure 5.1c-d comparisons between the two torque models at 1600 RPM for
50% and 100 % load is shown. The torsional effects are more evident when the
engine is running at 1600 RPM. This is probably due to that the frequency of
the induced oscillations, combustion and mass torque, are closer to the natural
frequency of the crankshaft. At 800 RPM the oscillations were superimposed
during the decrease in TCAD . At 1600 RPM TCAD oscillates wildly in the decrease
torque regions and are not as smooth as Trbm. This is a phenomenon that the rigid
crankshaft model is unable to capture resulting in a big difference between Tgas
and Trbm. The error even has the same magnitude as Trbm meaning that a rigid
body crankshaft model is not suited to be used at this engine speed.

Table 5.2: Mean absolute torque error between rigid body model and CAD
torque for each cylinder at 1600 RPM. The mean error is calculated from
TDC to 120◦ after TDC.

Cyl 1 Cyl 2 Cyl 3 Cyl 4 Cyl 5 Cyl 6
50% 1800 Nm 1250 Nm 1100 Nm 1100 Nm 800 Nm 650 Nm

100% 2550 Nm 1800 Nm 1350 Nm 1350 Nm 1100 Nm 900 Nm

In Table 5.2 the mean absolute error for each 120◦ region for both load cases at
1600 RPM is shown. The same trend with decreasing error when the firing cylin-
der is closer to the flywheel also appears here. Overall the same behavior as de-
scribed for TCAD at 800 RPM can be seen at 1600 RPM. Depending on firing cylin-
der, torque maximum amplitudes are different and the delays vary. Also there
are oscillations during and after the combustion process. The fundamental dif-
ference at 1600 RPM is that the engine simulations with a rigid body crankshaft
Trbm is far from describing TCAD because the rigid body model is not capable of
modeling torsional effects.

Lastly Figure 5.1e-f describes when the engine is running at 1900 RPM. The TCAD
signal is very different from the rigid body simulation and it is difficult to see any
resemblance between the two. Once again the natural frequency of the crankshaft
affects the CAD-signal.
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Table 5.3: Mean absolute torque error between rigid body model and CAD
torque for each cylinder at 1900 RPM. The mean error is calculated from
TDC to 120◦ after TDC.

Cyl 1 Cyl 2 Cyl 3 Cyl 4 Cyl 5 Cyl 6
50% 1800 Nm 1350 Nm 1050 Nm 450 Nm 1000 Nm 1000 Nm

100% 2650 Nm 2050 Nm 1900 Nm 1100 Nm 1150 Nm 1550 Nm

In Table 5.3 the trend with decreasing error when the firing cylinder is closer to
the flywheel is not as clear at 1900 RPM. Still the error of cylinder one and two is
larger than cylinder five and six.

In Table 5.4 the main frequency of the oscillation in the torque error is shown.
The period between two tops or bottoms are not always the same, thus the mean
period time is used to calculate the frequency.

Table 5.4: Frequency of the oscillations in torque error.
800 RPM 1600 RPM 1900 RPM

100% Load 160 Hz 190 Hz 190 Hz
50% Load 160 Hz 180 Hz 180 Hz

The first resonant frequency of the crankshaft is around 200 Hz. Why the fre-
quency of the oscillations differs from 200 Hz is unknown.

One reason could be because of the damping wheel mounted on the crankshaft.
The damping wheel is fitted in the front end of the engine to minimize the oscilla-
tions in the crankshaft so a resonance disaster does not occur. Without a damping
wheel the mechanical stress on the crankshaft would exceed the maximum load
tolerance and eventually break. It is probable that the damping wheel cancels
out oscillations with higher frequencies especially if those oscillations have low
amplitudes.

With the assumption that the crankshaft is a rigid body the difference, or error,
between the two models are large for all operating points illustrated here. Even at
800 RPM and 50% load where the resemblance between modeled and measured
torque is quite good, the maximum instantaneous error is 1 kNm.

5.1.2 Conclusion rigid body

From the section above it is evident that the Trbm and TCAD overlap better at lower
RPMs. But still there is a large error between the two models. With increasing
engine speed the oscillating mass and gas torques have got frequency content
that is close to the natural frequency of the crankshaft resulting in larger torsional
effects. The resulting torque error is greater when a firing cylinder is further away
from the flywheel. Because the error is so large in magnitude it is impossible to
draw any conclusions of the friction and auxiliary models other than that they
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are not the cause of it. To minimize the error a dynamic model of the crankshaft
must be implemented.

5.2 Comparison between TCAD and Tdcm
This section compares the dynamic crankshaft torque model Tdcm with the torque
estimated from the CAD-sensor data TCAD . A nine degree of freedom spring-
mass-damper model simulates the dynamic torsional effects of the crankshaft.
The same operating points used when comparing Trbm and TCAD is evaluated
here. The results are shown in Figure 5.2 over a complete engine cycle.

5.2.1 Discussion

In Figure 5.2a-b the two torque models at 800 RPM for 50% and 100% load is
shown. With the introduction of a dynamic crankshaft model the simulated
torque trace captures the phenomenon of different torque maximums after the
cylinder is firing. The peaks coincides in the same way as for the TCAD trace. An-
other improvement is that Tdcs captures the first oscillation in the section where
the torque is decreasing. The qualitative shape has improved in that sense. By
introducing a dynamic crankshaft model the torque trace is no longer periodic
with 120◦. Still Terror reveals that there is a difference between the two models.
Even though the different torque maximums are captured in Tdcm, there is still
a difference in magnitude compared with TCAD . Also Tdcm only captures one
oscillation in the decreasing torque region where TCAD has got two.

Table 5.5: Mean absolute torque error between dynamic crankshaft model
and CAD torque at 800 RPM and the two load cases. The mean error is
calculated from TDC to 120◦ after TDC for each cylinder.

Cyl 1 Cyl 2 Cyl 3 Cyl 4 Cyl 5 Cyl 6
50% 250 Nm 200 Nm 150 Nm 150 Nm 150 Nm 200 Nm

100% 400 Nm 350 Nm 300 Nm 350 Nm 300 Nm 300 Nm

In Table 5.5 the mean absolute error has the same size as the error when using a
rigid body crankshaft, Table 5.1. The introduction of a dynamic crankshaft has
resulted in no improvement in quantitative error for the 800 RPM case.

In Figure 5.2c-d the two torque models are shown when the engine is running
at 1600 RPM with 50% and 100% load. In comparison with the simulation with
a rigid body crankshaft the introduction of the dynamic model has resulted in
a completely different torque trace at 1600 RPM. Qualitatively the trace is more
consistent with TCAD . The improvement is clearly shown when looking at the
instantaneous difference between the two models.

In Table 5.6 the mean absolute error is shown for each 120◦ for the two load
cases at 1600 RPM. The error has decreased in all intervals when compared to
Table 5.2 where the errors are shown for the rigid body crankshaft. In the region



5.2 Comparison between TCAD and Tdcm 43

Table 5.6: Mean absolute torque error between dynamic crankshaft model
and CAD torque for each cylinder at 1600 RPM. The mean error is calculated
from TDC to 120◦ after TDC.

Cyl 1 Cyl 2 Cyl 3 Cyl 4 Cyl 5 Cyl 6
50% 850 Nm 900 Nm 800 Nm 550 Nm 750 Nm 550 Nm

100% 1150 Nm 1250 Nm 950 Nm 600 Nm 850 Nm 550 Nm

when cylinder one is firing the error has reduced to half. The introduction of
a dynamic crankshaft model is one step towards minimizing the error, but the
large error still occurring most not be ignored.

The two load cases when the engine is running at 1900 RPM are shown in Figures
5.2e-f. At 50% load Tdcm struggles to capture the quick oscillations included in
TCAD . In the case when the engine is running at 100% load the simulated torque
trace looks somewhat better when comparing with TCAD .

Table 5.7: Mean absolute torque error between dynamic crankshaft model
and CAD torque for each cylinder at 1900 RPM. The mean error is calculated
from TDC to 120◦ after TDC.

Cyl 1 Cyl 2 Cyl 3 Cyl 4 Cyl 5 Cyl 6
50% 800 Nm 700 Nm 900 Nm 750 Nm 1000 Nm 550 Nm

100% 900 Nm 850 Nm 1050 Nm 700 Nm 850 Nm 900 Nm

In table 5.7 there is a small difference in magnitude between the two loads for
each region. Even though much more energy goes through the crankshaft at
100% load the error is not much larger. This shows that the dynamic crankshaft
model better captures the torsional behavior at 100% load. A comparison with Ta-
ble 5.3 shows that Terror is reduced by introducing a dynamic crankshaft model.

5.2.2 Conclusion dynamic crankshaft

It is evident from Figure 5.2 that the shape of TCAD is highly affected by the
torsional effects. The shapes of the two models are more equal now in comparison
with the results from the rigid body approach. The spring-mass-damper system
captures the torsion phenomenon, but not exactly. One reason could be because
the spring, damper and inertia parameters are not correct. Another is that the
damping wheel model is simplified. Here the spring and damper parameters are
set constant, but in the real case these are frequency dependent. By introducing
this frequency dependence the results could become better.
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Figure 5.2: Comparisons between TCAD and Tdcm at six different operating
points. The vertical dotted lines indicates when the firing cylinder is at its
TDC.
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5.3 Cylinder separation using rigid body model

One goal of this thesis was to use the cylinder separation approach for a dynamic
crankshaft described in Section 2.5. Unfortunately, the inverse H−1

i (jω) resulted
in an unstable system and no results came out of it.

Instead the separation was done with the rigid body crankshaft model. The trans-
fer functions in Figure 2.9 is set to 1. Previous comparisons between TCAD and
Trbm in Section 5.1 showed that when cylinder six was in its combustion phase
resulted in least torsional effects. That is why the estimation of the gas torque of
cylinder six is evaluated. In Eq. (5.1) the gas torque contribution from cylinder
six was removed. The gas torque from the remaining five cylinders is summed in
Tgas−6. The gas torque of cylinder six T̂gas,6 is estimated by removing Trbm(θ, θ̇)
with cylinder six turned off from TCAD (θ)

T̂gas,6 = J(θ)θ̈CAD − Tgas−6 + Tmass + Tf ric + Taux + Tload (5.3)

In Figure 5.3 torque traces when the engine is running at 800 RPM are shown.
The blue curve is Trbm(θ, θ̇) without the gas torque of cylinder six. Due to no
contribution of torque from cylinder six, Trbm is no longer periodic with 120◦.
The increase of torque maximum when cylinder three is in its combustion phase
is due to lack of compression torque from cylinder six and the decrease in torque
maximum for cylinder four is because of no torque contribution from the expan-
sion phase of cylinder six. Also seen in the figure is the modeled torque from
the CAD-sensor data TCAD plotted in green. The difference between these two
signals, the estimated gas torque of cylinder six T̂gas,6 is plotted as red. If both
models would capture all dynamics, the estimated torque would be equal to the
real gas torque trace from cylinder six Tgas,6, which is also plotted in the figure
in light blue.

The two gas torque traces are showed together separately in Figure 5.4. It can be
seen that the estimated gas torque has a very oscillating behavior compared with
Tgas,6 due to torsional effects. The oscillation has the same frequency as shown
in Chaper 5. The two torque curves overlap quite well, especially in the region
360◦-410◦. The estimated maximum torque is very close to the maximum torque
calculated from in-cylinder pressure.

The same procedure as described above was used on data from 1600 RPM and
results is shown in Figure 5.5. When the engine is running at 1600 RPM the tor-
sional effect is more evident. This can clearly be seen in the figure when both
modeled signals differs from each other and thus the difference between the sig-
nals gets larger. In comparison with Figure 5.3 the estimated gas torque signal,
red, at 1600 RPM does not follow as closely the torque curve, light blue. The
author’s judgment is that the curves match qualitatively and that the estimated
max torque deviates slightly in comparison with the maximum torque calculated
from measured in-cylinder pressure.
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Figure 5.3: Cylinder separation.
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Figure 5.4: Estimated T̂gas,6 from cylinder separation versus Tgas,6 calculated
from measured in-cylinder pressure.
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Figure 5.5: Using modeled torque from pressure and CAD to perform cylin-
der separation. The red and light blue lines should be equal if everything
has been modeled.
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5.4 Pressure estimation

5.4.1 Inverse crank slider

From the estimated torque from cylinder six in Fig 5.4, the cylinder pressure is
reconstructed by using the inverse crank slider function. The resulting pressure
curve is plotted in Figure 5.6 together with the measured in-cylinder pressure
from cylinder six. As expected the estimated pressure goes to infinity at TDC
360◦ and BDC at 180◦ and 480◦ when division by zero occurs. The reason why
the estimated pressure goes towards negative infinity before TDC is because the
estimated torque changed sign and became positive before TDC at 360◦. The
correct gas torque trace is always negative in the region between 180◦ and 360◦,
zero at 360◦ and positive between 360◦ and 540◦.

The estimated pressure has interesting areas at the compression and expansion
part of the cycle. The compression is somewhat captured between 310◦-340◦ and
the expansion between 370◦-490◦.

A problem with this approach is that there is no pressure estimation around TDC,
see Figure 5.7.
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Figure 5.6: Estimated pressure using rigid model and CAD-sensor data at
800RPM and 100% load.

This leads to even larger errors when the inverse crank slider function is used to
get in-cylinder pressure at higher engine speeds. The resulting pressure trace at
1600 RPM is shown in Figure 5.8.

It is evident that the estimated cylinder pressure at 1600 RPM is worse than at
800 RPM since the measured and calculated curves only have some resemblance.

By looking at the area 0-300 CAD on the estimated pressure curve in Figure 5.8
it can be seen that the signal is even more perturbed at this engine speed because
of the torsional effects due to previous combustion. Also the expansion phase has
got a big bump at ∼ 450◦ which is due to torsional effects from cylinder six firing.
Some parts of the compression and expansion is still captured at 1600 RPM.
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Figure 5.7: Zoomed pressure traces from Figure 5.6.
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Figure 5.8: Estimated cylinder pressure versus measured at 1600 RPM and
100% load.
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5.5 Kalman filter pressure estimation

To avoid division with zero a Kalman filter approach was used to estimate the
pressure. The results from the Kalman filter pressure estimator is shown in fig-
ures 5.9-5.11 together with measured in-cylinder pressure of cylinder six. The
pressure estimation is better at lower engine speeds in the same way and for the
same reasons as in Section 5.4.1.

In Figure 5.9 the engine is running at 800 RPM at 50% and 100% load. Both
estimated pressures has some oscillating behavior between 0◦-300◦ and between
430◦-720◦in comparison with the measured pressure. The reason is that the rigid
body model is unable to capture the torsional effects. Between 300◦ and 355◦ the
compression is somewhat captured until some degrees before TDC. The Kalman
filter circumvents the division by zero so the estimated pressure does not go to
infinity close to TDC. Still the Kalman pressure estimator has difficulty to follow
the measured pressure some degrees before and after TDC. The reason for this is
the signal to noise ratio from pressure to flywheel acceleration. Since the crank
lever is zero or close to zero around TDC, the in-cylinder pressure does not affect
the flywheel acceleration. Thus the acceleration reveals no information about the
pressure in the TDC region. The local pressure peak before TDC is because the
estimated torque trace changed sign before TDC, as discussed in Section 5.4.1.
The Kalman filter also handled the division by zero at BDC (at 180◦and 540◦).
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Figure 5.9: Estimated pressure from Kalman filter together with measured
pressure for cylinder six at 800 RPM. The vertical dotted lines shows when
the firing cylinder is in dead center.

In Figure 5.10 the estimated pressure is shown together with the measured one
when the engine is running at 1000 RPM at 50% and 100% load. The oscillating
behavior in the gas exchange cycle and parts of the compression and expansion
stroke has increased. This is due to increased torsion in the crankshaft at engine
speed 1000 RPM. A difference before TDC, compared with results from 800 RPM,
is that there is no local maximum pressure peak at 1000 RPM. Analysis of the
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estimated torque signal for the two load cases revealed that the estimated torque
happened to be zero at TDC, and had the correct sign before and after TDC.
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Figure 5.10: Estimated pressure from Kalman filter together with measured
pressure for cylinder six at 1000 RPM. The vertical dotted lines shows when
the firing cylinder is in dead center.

In Figure 5.11 the engine is running at 1600 RPM. As for the evaluated engine
speeds above, two load cases are shown. As described in Section 5.2, torsion of
the crankshaft has a big impact on the flywheel acceleration and thus affect the
estimated torque trace from CAD-sensor data. This has clearly a huge impact on
the estimated pressure as seen in the figures. The estimated pressure trace has
more oscillating behavior and disturbs the compression phase that was somewhat
captured at lower engine speeds. Around TDC the Kalman filter estimation does
not capture the measured pressure trace as it did at lower engine speeds. The
reason is that the estimated torque was negative before and after TDC.

From the figures 5.9-5.11 it is clearly seen that this pressure estimator is more
sensitive to the engine speed. The estimated pressure error has still got the same
percentage of error compared with the maximum pressure for the two load cases
at each engine speed. With increased engine speed the crankshaft is exposed to
oscillatory torques in the form of gas and mass torque, and the crankshaft twists
more. The benefit of using a Kalman filter is that it uses the information in previ-
ous estimation points when a new estimate is calculated. Also it circumvents the
division by zero.
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Figure 5.11: Estimated pressure from Kalman filter together with measured
pressure for cylinder six at 1600 RPM. The vertical dotted lines shows when
the firing cylinder is in dead center.





6
Conclusions

This thesis has investigated if it is possible to reconstruct in-cylinder pressure
by performing signal processing on the CAD-sensor data together with physical
modeling of a heavy-duty engine. A benefit of using the CAD-sensor is that it
is a standard mounted sensor on production engines today. If a virtual pressure
sensor can be designed based on this signal, no additional sensors are needed.
A problem using this sensor signal is that the flywheel acceleration is perturbed
by torsional effects from the crankshaft, which results in increased perturbation
with increasing engine speed. The phenomenon is clearly shown in the estimated
torque from CAD-sensor data in Chapter 5. By introducing a dynamic crankshaft
to model these torsional effects, engine simulations confirms that torsion is one
reason why estimated torque from flywheel acceleration differs from the rigid
body crankshaft simulations. Further, since the flywheel acceleration is affected
by many components within the engine there could still be many things that dis-
turb the flywheel acceleration which was not investigated in this thesis. Another
drawback with this method is that the signal to noise ratio when the firing cylin-
der is in its TDC region is zero. It is impossible to get accurate pressure data in
this area based on flywheel acceleration.

The results shows some potential to capture parts of the compression and most
of the expansion phase at low engine speeds. With increasing engine speed the
torsional effects smears and delays information about the combustion process.
In order to reconstruct this information, the signal could be filtered with the
inverse function of the crankshaft model. One approach was tested but resulted
in an unstable system that could not be used. Instead the separation was done
with a rigid body crankshaft model. To get estimated pressure traces at higher
engine speed this torsional problem needs to be solved. When reconstructing the
pressure trace from the flywheel acceleration, cylinder six was chosen. This was
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because it was the cylinder least affected by torsional effect. Even at 800 RPM the
estimated torque trace from flywheel acceleration, when cylinder one was firing,
show torsional effects. The results would probably be worse if cylinder one was
chosen.

There are other sensors that captures the combustion signal around TDC, which
could be combined with the investigated method for a better result. More impor-
tantly, the perturbation caused by torsional effects needs to be solved.
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