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Abstract

The demand for lower emission engines forces the car industry to build more
efficient engines. Turbocharged engines are on the rise, and better understanding
of the heat transfer and efficiency of the turbocharger is needed to build better
ones. A lot is known about the overall efficiency of the turbocharger, but not
much is known about where the heat losses are located and how they interact
with each other.

This thesis presents a one dimensional model for heat exchange in the tur-
bocharger and investigates how the heat flows from the hot exhaust gases to
the cold intake air. Data is gathered by performing tests on a single scroll tur-
bocharger in an engine test bench at Linköping University. The tests are focused
on operating points where the air mass flow is low and neither the compressor
nor the turbine works adiabatically.

The results show that it is possible to estimate the heat flows together with
the efficiency of the turbine and compressor using only known parameters, elim-
inating the need to add any new sensors to the engine.
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1
Introduction

In this chapter the background to why this thesis is written is explained along
with the goal and expected outcome of the thesis.

1.1 Background

With tightening demands on emissions and an increasing market demand for
more fuel efficient engines the main challenge for today’s automotive engineers
is to make engines more fuel efficient without losing power. One main step in
making fuel efficient engines is to downsize. To keep the power and torque whilst
reducing the engine displacement, forced induction is often used in the form of
a turbocharger. The turbocharger increases the amount of oxygen forced into
the combustion chamber, increasing the amount of fuel burnt per revolution and
thus the power output of the engine. This thesis is part of a joint research project
between Volvo Car Corporation and Linköping University.

1.2 Purpose and goal

With the turbocharger comes the need of wastegate control, the valve, that if
open, makes the exhaust gases bypass the turbine, essential to keep the pressure
at manageable levels. The amount of gas flow through the wastegate at any given
position is however not known. With better understanding of these dynamics it
can be possible to create better turbo control models thus increasing the overall
efficiency of the combustion engine.

Another problem is the heat transfers that occurs across the turbocharger. The
losses from the turbocharger is well known, but where the losses occur within the
system is not well documented.
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2 1 Introduction

The purpose of this thesis is mainly to widen the technical expertise on the
subject of turbocharger models. To achieve good control and understanding of
the turbocharger the models have to accurately describe the different effects in
the turbine and compressor. Earlier models do not include the heat transfer from
the warm turbine side to the cooler compressor. This often results in an overesti-
mation of the compressor’s thermodynamic effectiveness. The heat flux generated
in the turbocharger depends on many parameters that in themselves are difficult
to estimate.

The work done by Storm (2017) and Vilhelmsson (2017) that dealt with heat
transfer in the turbine and pulsating mass flow were the basis of this thesis.

The goal were to extend these models to include heat transfer in the bearing
housing and compressor, as well as describing the mass flow that goes through
the turbine and wastegate to allow better control models.

1.3 Problem formulation

To be able to generate a good model of the turbocharger, many unknown param-
eters needs to be known. One of the main problems with the turbocharger is the
generated heat in the turbine because of hot exhaust gases. Components in the
vicinity of the turbine that are cooler will generate a heat flux from hot to cold
in an attempt to reach thermal equilibrium. In today’s Volvo engines the per-
formance is mapped in a test bench and the losses across the turbine is lumped
together as a lump sum.

Better knowledge to where the losses occur could help improve the control
of the engine. Earlier work regarding the heat transfer effects has been done by
Storm (2017). That work only considered the heat transfer in the turbine, not the
heat transfer in the bearing housing and the compressor which this thesis have
investigated.

Problems also occur when the mass flow into the turbine and wastegate are es-
timated. Since the outlet of both the gas flow from the turbine and the wastegate
is combined in the turbine outlet there is a big problem being able to measure
how much of the flow that is actually going through the wastegate at any given
position. With a pneumatically controlled wastegate the opening of the wastegate
is not known. However by changing to an electrical servo for wastegate control,
the position of the servo is known and can be regulated with desired accuracy.

1.4 Delimitations

This thesis relies partly on reused data from already performed tests performed
both at VCC and at Vehicular Systems at Linköping University. Additional data
was collected by performing engine tests at Vehicular Systems. Some desired
measurements were not feasible to do due to different limitations of the hard-
ware, such as removal of water coolant. Only one type of turbocharger was inves-
tigated, a single turbo system provided by VCC which was tested at steady state
conditions.
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1.5 Risk analysis

During the work of the thesis it was important to identify and be aware of con-
ditions that may have had an impact on the credibility of the end result. Things
that affect measurements, and simplifications in theory, can be some of the factors
that impact the end result in an undesirable way.

1.5.1 Sensors

One of the issues regarding the sensors, especially the temperature sensors, are
the measured quantities. Temperature readings are difficult to isolate and deter-
mine. As an example, a sensor that is supposed to measure gas temperature in the
exhaust manifold could have been corrupted by conduction as well as radiation
from the manifold wall. One big source of error could also have been position-
ing of the sensors and other mounting errors that may have given undesired or
irrelevant readings.

Redundancy is another issue that could have been a problem, if only one sen-
sor were measuring one quantity, no data would have been available to collect
if that particular sensor were damaged or broken. One temperature sensor with
very low time constant could have been used to measure the pulsating tempera-
ture in the exhaust manifold, due to the delicate electronics the lifespan of this
sensor may have caused some trouble, it might have broken before any significant
data were collected.

1.5.2 Other

One of the delimitations of this work are the steady state measurements. All
models are based on steady state operating points. Since the turbocharger in a
combustion engine often are exposed to transient conditions, together with the
thermal inertia, it could result in the models to be insufficient.

The biggest delimitation was time, there were a few time consuming activities
that needed to be addressed. First of all was the lead time for the turbocharger
preparations, sensors needed to be installed on the turbocharger as well as trans-
ported to the engine lab at Linköping University, this was delayed by 5 weeks.
The gas stand at VCC in Gothenburg was fully booked which meant that the de-
sired tests could not be done.
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1.6 Outline

Section 1, Introduction
Background, Purpose and goal, Problem formulation, Delimitations.
Section 2, Related research
State of the art, Expected results, Risk analysis.
Section 3, Theory
Theory used in calculation of the model. Including thermodynamics, heat trans-
fer and flow theory.
Section 4, Models
Models used and how to calculate the models from measurement data.
Section 5, Measurements
The test setup, method, and hardware is described.
Section 6, Results
Presentation of and analysis of the results.
Section 7, Discussion
The results, models, and work process is discussed and analyzed.
Section 8, Conclusions
Concluding thoughts and future work.



2
Related research

Many previous studies and research, function as inspiration and a foundation to
build upon with this master thesis. The most important ones are presented and
discussed in this section.

2.1 State of the art

The state of the art is divided into two categories depending on the problem. The
first is Turbocharger heat transfer which investigates earlier work regarding the
different heat mechanisms that is occurring in the turbocharger.

The second is Dynamic pulsating flow which investigates work done regard-
ing the problem of describing flow during transients or static that are pulsating.

2.1.1 Turbocharger heat transfer

A turbocharger consists of mainly three different parts. The turbine, compres-
sor and the bearing housing. Since the turbine exhaust gas temperatures could
reach up to 900◦C, and the range for the compressed air, water cooling and oil
are well below such temperatures, heat transfer across the turbocharger is in-
evitable (Aghaali et al., 2015). If the heat transfer was to be neglected in the
turbocharger the estimated efficiency of the turbine and compressor could be
wrong (overrated and underrated). According to Sirakov and Casey (2013) con-
ventional turbo maps could underestimate the compressor and overestimate the
efficiency up to 20 % at low speeds. The reason why is because heat from the
turbine could heat up the intake air in the compressor (Storm, 2017), and the
turbocharger efficiency often is calculated using change in enthalpy or tempera-
ture over the comopressor. (Eriksson and Nielsen, 2014; Nguyen-Schäfer, 2016;
Romagnoli and Martinez-Botas, 2009).
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6 2 Related research

There are several heat transfer mechanisms in the turbocharger that affects
the heat flux across the turbocharger, the contributors are convection, conduction,
and radiation.

In Baines et al. (2010) the internal heat transfer only takes convection and
conduction into consideration because radiation is assumed to be negligent in
the turbine and compressor. Also, the heat transfers with the greatest magnitude
and significance in the engine is said to be the external heat transfer from the
turbine to the environment, and the internal heat transfer from the turbine to the
bearing housing. Serrano et al. (2010) did not take radiation into consideration
when their turbocharger heat transfer model were developed, but unlike Baines
et al. (2010) it was claimed to be necessary to study in future work. Romagnoli
and Martinez-Botas (2009) suggests that the engine has a noticeable effect on com-
pressor temperature, therefore it is suggested to include the heat flux generated
from the engine in the model. Also, it was concluded that there is a linear relation
between the exhaust gas temperature and the bearing housing.

In Serrano et al. (2015) the importance of predicting the heat transfer during
low loads (i.e. low Nt) is stressed. During high loads the total enthalpy drop
over the turbine consists of almost only mechanical power in some cases. The
same article mentions that during medium to low engine loads the compressed
air absorbs energy from the compressor casing because the oil coolant is hotter
than the compressor outlet air. During high compressor loads the process is re-
versed, the compressor outlet air becomes hotter than the oil coolant and the heat
is transferred from the air to the oil. Although, it is shown that during high loads
the heat transfer effects in the compressor is negligible and the compressor be-
haves almost adiabatic. Similar conclusions are made by Bohn et al. (2005) that
concluded for small Reynolds numbers, the compressor air is heated by the heat
flux from the turbine. During high Reynolds numbers the air is heated by the
compression rather than by the turbine. Similar conclusions are also made by
Sirakov and Casey (2013) and Tanda et al. (2017).

In Aghaali et al. (2015) several tests were conducted to determine the heat
transfer effects of different parts of the turbocharger, such as water cooling, ex-
ternal ventilation with a fan and a radiation shield between the turbine and the
compressor. It were concluded that the radiation shield has no significant impact
of the energy balance of the turbocharger. The water cooling has a bigger impact,
especially regarding the internal heat transfer from the bearing housing to the
compressor, as well as the external heat transfer from the bearing housing.

Romagnoli and Martinez-Botas (2012) finds that the surface temperature of
the turbine and compressor surface were proportional to the temperature of the
exhaust gases. They also found that the surface temperature of the bearing hous-
ing were varying consistently with the oil coolant temperature with a difference
of about 30K . Even though the flow conditions are different they find strong
agreement in results, showing that sensor location and quality is a dominant fac-
tor and therefore need careful planning. With pulsating flow the change of mass
flow in the turbine gives a pulsating Reynolds number that needs to be accounted
for in simulation.

Payri et al. (2014) states that the most important external heat flux comes from
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the turbine housing. One negligible external heat flux is the bearing housing if
compared to the turbine enthalpy drop.

In Aghaali and Angstrom (2012) the uncertainty of the exhaust gas tempera-
tures mentioned, because of pulsating flow and big temperature gradient of the
exhaust gases the thermal sensors are too slow to measure the temperature in
high resolution.

2.1.2 Lumped capacitance method

The work done in Storm (2017) utilizes the lumped capacitance method to model
the heat transfer in the turbine. Burke et al. (2014), Cormerais et al. (2009) and
Olmeda et al. (2013) amongst others have also used this method. The general idea
of the method is to create several thermal nodes that are connected together with
conduction, convection and radiation. Burke et al. (2015) used lumped capacity
modelling and found that at least 20 % of the enthalpy change in the turbine is
due to heat transfer in the turbine. During low speeds where the power operating
conditions are low the heat transfer contributes significantly more to the change
in enthalpy compared to during high speeds.

2.1.3 Dynamic pulsating flow

The gas flow through the turbine is complex and hard to model without simpli-
fications. The turbine inlet/outlet can be seen as short pipes with constant di-
ameter making the flow quite consistent through these parts. Past the scroll and
stator/rotor the flow of gas is much more complex. The diameter of the scroll
is gradually reducing and when the gas enters the rotor flow passages the mass
flow is not constant. With large spatial variations the Reynolds numbers will not
be the same in all parts of the turbine which will be hard to model and are even
harder to validate. Therefore the model is simplified by assuming the whole tur-
bine side of the turbo consists of just two pipes, each with a constant diameter
Burke et al. (2015).

The assumption that the turbine flow can be modelled as flow through pipes
with constant diameters and an adiabatic expansion between them enables the
heat transfer in the pipes to be calculated using Newtons law of cooling. The
Reynolds number is defined for the whole turbine stage and can be estimated
based on measurements of temperature and mass flow. With the gas stand the
flow is constant and the Reynolds number can be considered both statically and
time averaged. However during the pulsating flow that occurs with the combus-
tion engine, mass flow and temperature of the gas is fluctuating over time and
with it the Reynolds number. In Burke et al. (2015) the pulsating Reynolds num-
ber are included in the heat flow model.

One factor that can influence the dynamic heat flow is that the specific heat
ratio, γ is changing with both temperature and gas mixture. While Vilhelmsson
(2017) looks at the compressor side and therefore uses γair = 1.4, the standard
for air in room temperature. In this paper the focus will be at the turbine side
and a model of the flow through the wastegate. The gas flowing through turbine
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side however is a burnt mixture of air and gasoline at a temperature up to 900◦C
and thus have a different specific heat ratio from that of air in room temperature.

There are several ways of calculating the specific heat ratio. In Klein (2004)
three models are estimated, linear scaling with temperature, polynomial model
based on Kreiger and Borman’s polynomial model of the internal energy, u and
lastly using a Matlab package called Chepp (ISY, 2018). The modelling of γ for
exhaust gases using Chepp is the most exact, and for temperatures below 1700◦C
the polynomial approach is also of comparable precision. They both give much
better results than the standard linear scaling.



3
Theory

In this section the basic theory is explained. Thermodynamics, heat transfer and
isentropic flow are the key theories in this thesis.

3.1 Thermodynamics

A simplified definition of thermodynamics are explained as the state of the mat-
ter and the energy transport, work, and heat associated with the change of state
(Storck et al., 2012).

The first law of Thermodynamics for an open system

An open system is defined as a predetermined area where mass, work, and heat
are allowed to flow across the boundaries of the system. The first law of Thermo-
dynamics applied on an open system control volume is given by,

Q̇12 +
∑

ṁ1

(
H1 + 1

2u
2
1 + gz1

)
=
dEcv
dt

+
∑

ṁ2

(
H2 + 1

2u
2
2 + gz2

)
+ Wt (3.1)

The open system control volume are shown in Figure 3.1. If the open system
is in steady state, i.e the mass flow and energy content is constant, it could instead
be written as,

(Q̇1 − Q̇2) = ṁ(H2 − H1) + 1
2 ṁ(u2

2 − u
2
1 ) + ṁg(z2 − z1) + (W2 −W1) (3.2)

Equation (3.2) can be rewritten if the change in kinetic energy and potential
energy is assumed to be negligible, and that the enthalpy are replaced as temper-
ature and specific heat capacity. The resulting equation is given by,

9



10 3 Theory

(Q̇1 − Q̇2) = ṁCp(T2 − T1) + (W2 −W1) (3.3)

Figure 3.1: The first law of thermodynamics illustrated by an open system
control volume.

3.1.1 Heat transfer

There are three different ways heat can be transferred, by convection, conduction
and radiation.

Convection

When a solid surface and an adjacent fluid in motion is transferring energy it is
called convection, its a result of conduction and the motion of the fluid (Cengel
et al., 2017). There are two types of convection, natural and forced. Natural
convection occurs when there are heat differences in the fluid which creates a
flow. Forced convection occurs when external sources influences the fluid, such
as fans or pumps. The expression to describe convection is newtons law of cooling
and is given in equation (3.4). hconv is the convection heat transfer coefficient, As
is the surface area, Ts is the surface temperature and T∞ is the fluid temperature.

Q̇conv = hconvAs(Ts − T∞) (3.4)

Conduction

Conduction is the transfer of heat in solid materials, fluids and gases. It is usually
associated with heat transfer in solid materials, but in fluids and gases the effects
of conduction is included in the convection. (Storck et al., 2012). Fourier’s law for
a stationary and one-dimensional heat transfer in a flat and isotropic wall gives
a linear relation of temperature change across the wall. Locally, the expression is
given by equation (3.5). k is the thermal conductivity of the solid, A is the wall
area.

Q̇y = −kA∂T
∂y

(3.5)
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Radiation

The last mean of heat transfer is radiation. An exchange of electromagnetic ra-
diation between the wavelengths of 0.1µm and 100µm is what enables the heat
transfer Storck et al. (2012) . The property that decides how efficient a material
can emit thermal radiation is the emissivity and is given by ε. It’s a function
of both surface temperature and radiation wavelength, but some materials have
constant emissivity. The emitted heat from a surface is given by the expression
in equation (3.6) where σ = 5.67 · 10−8 [W/m2K4] is the Stefan-Boltzmanns con-
stant.

Q̇ = σεAT 4 (3.6)

The radiation heat exchange between two bodies is expressed by (3.7). ε12 is the
resulting emissivity.

Q̇ = σε12A(T 4
1 − T

4
2 ) (3.7)

3.1.2 Isentropic flow

The turbine scroll and wastegate opening can be viewed as a converging nozzle
leading to an expanding body. This enables the flow through the wastegate and
turbine to be calculated using theory for isentropic flow through nozzles. When
the exit speed of the gas reaches supersonic speeds, Mach one, the flow becomes
choked. When choked flow is reached only an increasing upstream pressure can
increase the mass flow through the choke point. With choked flow no informa-
tion can travel upstream in the gas. This is important because during choked
conditions the mass flow rate can be calculated to only depend on the tempera-
ture and the pressure drop over the nozzle. Assuming choked flow the mass flow
rate can be described by,

ṁ = CdA

√√
γρ0P0

(
2

γ + 1

) γ+1
γ−1

(3.8)

where Cd is the discharge coefficient, A is the discharge hole cross-sectional area,
P0 the absolute upstream total pressure of the gas, ρ0 is the gas density at absolute
pressure and temperature and γ is the specific heat ratio for the gas. According
to Holmbom and Eriksson (2018), Ohata’s Compressible Flow Model are com-
parable to more complex models when it comes to estimating mass flow from
flow bench measurements, this is the reason why this thesis uses Ohata’s model.
The model utilizes conservation of mass, energy, and momentum. The following
equations give Ohata’s model:
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ṁ =
p1√
RT1

Aef f (α)Ψ cv (3.9)

Ψ cv(Π) =

√
γ + 1

2γ
(1 −Π)

(
Π +

γ − 1
γ + 1

)
(3.10)

Π =


p2
p1
, if p2

p1
≥ 1

γ+1
1
γ+1 , otherwise

(3.11)

where R is the specific gas constant, and Aef f (α) = CdA is the effective area
that depends on the wastegate opening.

3.1.3 Compression

If the compression of air are assumed to be adiabatic, with no heat transfer to or
from the gas during compression, the temperature can be calculated as

T2,adi = T1

(
p2

p1

) γ−1
γ

(3.12)

where T2,adi , p2 is the temperature and pressure after the adiabatic compression,
and T1, p1 is the upstream temperature and pressure. The specific heat ratio, γ
for air is 1.4 at 20◦C. The specific work can then be calculated as

Wc,adi =
R(T2 − T1)
n − 1

(3.13)

where for an adiabatic process the constant n is equal to γ .
In the compressor, heat flow to the gas can not be ignored, so the effect can

then be described by the first law of thermodynamics,

Wc + Q̇ = ṁccp(T2 − T1) (3.14)
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3.1.4 Heat transfer by Nusselt, Prandtl, and Reynolds

To calculate the heat transfer by convection from the the compressor wall to the
air a theoretical approach is possible by using dimensionless numbers as shown
in Serrano et al. (2015). The heat transfer is described as

Q̇convch→c = Nuch→ckπLchar

(
Tch −

T2,adi + T2

2

)
(3.15)

where k is the thermal conductivity of the fluid. Lchar is an characteristic linear
dimension, in the case of a compressor it is the external case diameter. The tem-
perature used is the difference between the wall temperature, Tch and the mean
value of the adiabatic outlet temperature of the compressor, T2,adi and the mea-
sured outlet temperature, T2. Nu is the Nusselt number which describes the ratio
of convective to conductive heat transfer.
The Nusselt number is defined by the equation

Nut→th = c0Re
c1P rc2

(
µbulk
µskin

)c3
(3.16)

where the constants c0 to c3 differs depending on the used model, Re is the
Reynolds number, and P r is the Prandtl number.

The Reynolds number describes the condition of the flow where low values
represent a flow that is mostly laminar while high numbers indicates that the
flow is mostly turbulent.
The Reynolds number is defined by

Re =
ρuLchar

µ
=
uLchar
v

(3.17)

where ρ is the density of the fluid, u its velocity, and µ, v the dynamic and kine-
matic viscosity of the fluid.
The Prandtl number is the ratio of viscous diffusion rate to thermal diffusion rate
and is defined by the equation,

P r =
cpµ

k
(3.18)

where cp is the heat capacity for air at constant pressure. Since cp,air differs with
the temperature of the air, a model from Cengel et al. (2017) were used where;

cp,air = A0 + A1T + A2T
2 + A3T

3 (3.19)

are used to calculate the specific heat of the air. The constants used in equation
(3.19) are shown in Table 3.1.

Compressor

The dimensionless calculation of heat transfer in the compressor is defined in
Serrano et al. (2015) as,

Nuch→c =

0.284Re0.8P r0.3 if Q < 0
0.095Re0.8P r0.4 if Q > 0

(3.20)
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Table 3.1: Values of constants for calculation of specific heat of air.

Constant Value
A0 28.11
A1 0.1967 e-2
A2 0.4802 e-5
A3 -1.96 e-9

which is a parameterized version of equation (3.16) used specifically for the com-
pression.

Turbine

The same calculations can be made on the turbine side but here the heat is trans-
ferred from the gas to the wall and the equations for the Nusselt number differs
compared to the compressor equation. In Eriksson (2002) the Nusselt equation is
written as in equation (3.16). The constants are shown in Table 3.2 where some
are standard and some developed specifically to exhaust systems.

Table 3.2: Values of constants for calculation of Nusselt number (Eriksson,
2002).

Correlation c0 c1 c2 c3
CatonHeywood 0.258 0.8 0 0
Shayler1997a 0.18 0.7 0 0
SiederTate 0.027 0.8 1/3 0.14
WendlandTakedown 0.081 0.8 1/3 0.14
WendlandTailpipe 0.0432 0.8 1/3 0.14
Malchowetal 0.0483 0.783 0 0
meisnerSorenson 0.0774 0.769 0 0
DOHCDownpipe 0.26 0.6 0 0
ValenciaDownpipe 0.83 0.46 0 0
PROMEX 0.027 0.82 0 0
Woods 0.02948 0.8 0 0
Blair 0.02 0.8 0 0
Standard 0.01994 0.8 0 0
std_tu 0.023 0.8 0.3 0
Eriksson 0.48 0.5 0 0
std_lam1 1.86 1/3 1/3 0.14
Reynolds 0.00175 1 0 0
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Table 3.3: Values of constants for calculation of specific heat ratio for exhaust
gases.

Constant Value
a1 0.692
a2 39.17 e-6
a3 52.9 e-9
a4 -228.62 e-13
a5 277.58 e-17
b0 3049.33
b1 -5.7 e-2
b2 -9.5 e-5
b3 21.53 e-9
b4 -200.26 e-14

3.1.5 Polynomial calculation of the specific heat ratio, γ

The specific heat ratio, γ can be calculated by using a polynomial model of inter-
nal energy at combustion of iso-octane and deriving it with respect to the temper-
ature. Using the model developed by Krieger and Borman the specific heat ratio
can be described as

γKP =
cp
cv

= 1 +
R
cv

(3.21)

where R is the specific gas constant for the burnt mixture of air and iso-octane.
cv is the heat capacity at constant volume and is defined as

cv =
∂u
∂T

(3.22)

where u is the internal energy, so by calculating the specific gas constant,

R(T , p, λ) = 0.287 +
0.020
λ

+ Rcorr (T , p, λ) (3.23)

and using it in the equation for internal energy,

u(T , p, λ) = A(T ) − B(T )
λ

+ ucorr (T , p, λ) (3.24)

where A(T ) and B(T ) are polynomials which have the form,

A(T ) = a1T + a2T
2 + ... + a5T

5

B(T ) = b0 + b1T + ... + b4T
4

(3.25)

The values for the constants in (3.25) are found in Table 3.3. The terms ucorr
and Rcorr are non-zero first when T > 1450 K which will make them zero for all
tests done on the turbine in this thesis.





4
Heat transfer model

This section will describe the implementation of the proposed heat model. The
heat transfer model used in this thesis will rely on a node type of model, each
node are capable of heat transfer through convection, radiation and conduction.
Heat transfer between nodes are only possible through conduction. The tur-
bocharger are split into three nodes, the assumption made is that the difference
in enthalpy drop in the turbine, and the enthalpy gain in the compressor, is equal
to all losses that occurs in between. The three nodes that the turbocharger are
divided into includes turbine housing, bearing housing and compressor housing.
The model equations in this chapter are only valid during stationary operation,
where energy in to the system equals energy out of the system.

4.1 Turbine

The total enthalpy drop in the Turbine is assumed to consist of only heat transfers
and work. From the first law of thermodynamics the energy flows in the turbine
gas control volume are described by

Q̇convt→th = ṁtCpt (T3 − T4) −Wt (4.1)

Turbine housing

The turbine housing have heat transfer in four different directions. Convection
from the exhaust gases, convection to ambient, radiation to ambient, and conduc-
tion to bearing housing. This is described in the following equation,

Q̇convt→th + Q̇radth→amb + Q̇convth→amb + Q̇condth→bh = 0 (4.2)

17



18 4 Heat transfer model

Figure 4.1: Overview of the heat model with three nodes. All nodes are con-
nected through conduction, each node can transfer heat through radiation,
convection and conduction.

where positive flow is directed to the turbine housing, and where each of the heat
transfers are described by,

Q̇radth→amb = σεxAthT
4
th,surf (4.3)

Q̇convth→amb = hthAth(Tth,surf − Tamb) (4.4)

Q̇condth→bh = Atbktb(Tth − Ttb) (4.5)

Bearing housing

The bearing housing receives heat from the turbine housing. Heat is transferred
through convection to oil, water, and ambient. Also, heat is radiated from the
bearing housing to the ambient, and heat is transferred through conduction to
the compressor backplate. The expression for all heat transfers in the bearing
housing is given by

Q̇condth→bh + Q̇oil + Q̇wtr + Q̇radbh→amb + Q̇convbh→amb + Q̇condbh→ch = 0 (4.6)

where positive flow is directed to the bearing housing, and where each of the heat
transfers are described by,

Q̇oil = ṁoilCpoil (Toilin − Toilout ) (4.7)

Q̇wtr = ṁwtrCpwtr (Twtrin − Twtrout ) (4.8)

Q̇radbh→amb = σεxAbhT
4
bh,surf (4.9)

Q̇convbh→amb = hbhAbh(Tbh,surf − Tamb) (4.10)

Q̇condbh→ch = Acbkcb(Tcb − Tch) (4.11)
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Compressor housing

The compressor housing have essentially the same heat transfers as the turbine
housing. Heat is conducted from the bearing housing to the compressor housing,
convection occurs between the housing and ambient/intake air, and radiation
emits from the surface of the compressor housing to ambient. The thermal rela-
tions are given by,

Q̇condbh→ch + Q̇radch→amb + Q̇convch→amb + Q̇conv−ch→c = 0 (4.12)

where positive flow is directed to the compressor housing, and each heat transfer
can be described by,

Q̇radch→amb = σεxAchT
4
ch,surf (4.13)

Q̇convch→amb = hchAch(Tch,surf − Tamb) (4.14)

Q̇convch→c =
1 − e

−hcvAc
ṁcCpc

−hcvAc
ṁcCpc

hcv

︸           ︷︷           ︸
hgcomp

Ac(Tch − T2) (4.15)

Compressor

The total enthalpy gain in the Compressor are assumed to consist of only heat
transfers and work. From the first law of thermodynamics the energy flows in
the compressor gas control volume are described by

Q̇convch→c = ṁcCpc (T2 − T1) − Ẇc (4.16)

4.2 Calculation of models

Since the amount of measured quantities in a regular engine are nowhere near
the amount measured in the engine test bench, the resulting models would prefer-
ably have to be reliant on those few quantities that are measured in a regular en-
gine to be useful in a real world scenario. All models will therefore be a function
of one or a combination of air mass flow, exhaust mass flow, engine torque and
engine speed. Polynomial or exponential functions with various degrees will be
fitted to measured data to receive the models. The polynomial function is given
by,

f (x) =
n∑
k=0

akx
n−k (4.17)

and the exponential function is given by,

f (x) = a · ebx + c · edx (4.18)





5
Measurements

In this section many of the practical aspects of the measurements are described.
Placement of sensors on the turbocharger, test equipment specifications, testing
method, as well as the tested operating points of the engine.

5.1 Test setup

The test setup hardware consists of a turbocharger prepared with a number of
thermocouple and pressure sensors. Figure 5.1 shows the position of the sensors
located on the surface, Figure 5.2 shows the rest of the temperature and pressure
sensors which includes gas, fluid and ambient temperatures and pressures. In Ta-
ble 5.6, the corresponding numbers and description of the sensors are explained.

5.1.1 Testing method

Temperature measurements are done at steady state, this is reached by having a
constant throttle angle at a desired load point. Various temperatures, and varying
pressure ratios are tested with different load points, these are found in the quick
reference guide, Table 5.1. After about ten minutes the temperatures over the
turbocharger are stabilised. At steady state all the measured temperatures and
pressures are recorded for ten seconds, the mean value of these recordings are
then used in the calculations of heat transfer. When the sampling is done the
rpm and load is changed to the next in the list and the process repeated. This is
done at all desired test points with variations in test setup, wastegate at 24, and
100% open, insulation of compressor and lastly with the turbine also insulated.

21
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Table 5.1: Quick reference guide for speed and load during tests. ∆ means
that the operating point is done insulated and uninsulated. All operating
points are done with wastegate at 0, 24 and 100% open.

Speed
Load

15
[Nm]

20
[Nm]

35
[Nm]

55
[Nm]

95
[Nm]

110
[Nm]

135
[Nm]

1000 [RPM] X X ∆ X ∆ X ∆

1500 [RPM] X X ∆ X ∆ X ∆

2000 [RPM] X X ∆ X ∆ X ∆

2500 [RPM] X X ∆ X ∆ X ∆

3000 [RPM] X X ∆ X ∆ X ∆

3500 [RPM] X X ∆ X ∆ X ∆

5.1.2 Hardware

A few different variations of each type of sensor will be used. This section will
give general information and important specifications of each sensor used.

Figure 5.1: Sensor placement for all surface temperature sensors on the tur-
bocharger and exhaust manifold, the sensor list is shown in Table 5.6.

The finished turbocharger preparation is shown in Figure 5.3 where most of
the thermocouple sensors are visible. Also visible in the figure are the wires by
which the sensors are connected to the thermoscanner. In Figure 5.4 a closeup on
the turbine housing show 7a, an inner wall sensor and the surface temperature
sensors 7b and 9 which are welded to the surface. Also, the figure show 21, the
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32

Figure 5.2: Sensor placement for all temperature sensors excluding surface
temperature sensors, the sensor list is shown in Table 5.6. Temperature sen-
sors are shown as red dots, pressure sensors are shown as green dots.

gas temperature after turbine, and 29 the nipple for the pressure sensor after
turbine. The gas temperature is measured in the centre of the flow as shown in
Figure 5.5. To measure the gas temperature before the turbine a hole is drilled
and the sensor is inserted to the centre of the flow as shown in Figure 5.6.

Thermocouples

The thermocouples are used to measure all temperatures on the turbocharger, ex-
cept the surface temperatures. The manufacturer of the sensors are Pentronic.
Technical specifications are shown in Table 5.2. Two variants of this thermocou-
ple will be used, one with insulated measuring junction, and one with exposed
measuring junction. The exposed variant have faster dynamics, but shorter life
span.

Table 5.2: Thermocouple specifications

Property Value
Max temp 1200 ◦C
Diameter 1.5/3.0 mm
Metal sheath Inconel 600
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Figure 5.3: The finished turbo prep with most of the thermocouple sensors
showing.

Flow sensor

The flow in the turbocharger coolant will be measured. The name of the sensor
used is FT-110 made by Gems Sensors. The sensor uses the Hall Effect to measure
the flow throughput, a turbine inside the sensor rotates when a flow is passing
through. A certain amount of revolutions of the turbine will correspond to a total
amount of flow. In Table 5.3 the technical specifications of the sensor is shown.

Table 5.3: Flow rate sensor specifications

Property Value
Flow range 2-35 l/min
Pulses per litre 700
Frequency output 23-408 Hz
Operating temperature -20◦C to 100◦C
Accuracy ±3% of reading
Repeatability 0.5% of full scale
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Figure 5.4: Closeup on the turbine housing where sensors 7a, 7b, 9, 21, and
29 are marked with red circles.

Insulation material

In order to eliminate certain heat fluxes, in particular the surface radiation, an
insulation material is used. The chosen material is a type of mineral wool that
can withstand the temperatures of the turbocharger without losing its function.

5.1.3 Material data

The turbochargers different parts are made with different materials. This is a
short explanation of what specific properties the materials of the outer and inner
walls of the exhaust manifold, the turbine housing, bearing housing, and com-
pressor housing have.

Exhaust manifold and Turbine

The exhaust manifold is dual layered where the outer wall, turbine housing, and
exhaust pipes are all cast from stainless steel 1.4828, while the inner wall are
made from stainless steel 1.4571. The Turbine scroll is made from stainless steel
1.4848. One thing to note is that the thermal properties in Table 5.4 and 5.5 are
given at 20◦C. No information were found in a higher range of temperatures for
these specific materials, although for similar materials these properties do rise
with temperature.

The main characteristics are shown in Table 5.4 where it is noted that the
materials do not differ much.
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Figure 5.5: Compressor outlet where the gas temperature sensor, 23 is shown
to be centred in the gas flow.

Table 5.4: Material data for the exhaust manifold

Property Inner wall Outer wall/housing Turbine scroll
[1.4571] [1.4828] [1.4848]

Density 8 [g/cm3] 7.9 [g/cm3] 7.8 [g/cm3]
Thermal Conductivity @20◦C 15 [W/m K] 15 [W/m K] 15 [W/m K]
Specific heat Capacity @20◦C 500 [J/kg K] 500 [J/kg K] 490 [J/kg K]

Bearing and Compressor housing

The bearing housing is made of the material EN-GJL-250, which is a common
grey cast iron. The compressor housing are made with AC-AlSi11Cu2(Fe) which
is an aluminium alloy. The material data is shown in Table 5.5.

Table 5.5: Material data for the bearing/compressor housing

Property Compressor housing Bearing housing
[AC-AlSi11Cu2(Fe)] [EN-GJL-250]

Density 2.7 [g/cm3] 7.2 [g/cm3]
Thermal Conductivity @20◦C 47 – 80 [W/m K] 204 [W/m K]
Specific heat Capacity @20◦C 89 [J/kg K] 460 [J/kg K]
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Figure 5.6: Turbine inlet cross-section showing how the gas temperature
sensor is centred in the gas flow.

5.2 Tests

Two test scenarios were planned, one in the gas stand at VCC and one in the
test bench at Linköping university. The gas stand tests were never done but are
still included in this part to indicate how they would have been done. The tur-
bocharger used is a single turbo aimed for gasoline engines. For the gas stand
tests the turbocharger would have been prepped with an extension on the tur-
bine outlet that separated wastegate flow from the turbine flow, enabling mass
flow measurements through the wastegate.

5.2.1 Gas stand tests

Since it is not possible to separate the flow through the wastegate from the tur-
bine during regular operation this needs to be done in the gas stand. In most
applications today the mass flow through the wastegate is calculated by compar-
ing the boost pressure when the wastegate is not fully closed to tests where the
wastegate was kept closed and all of the flow went through the turbine. The
exhaust mass flow through the wastegate is then calculated by subtracting the
calculated turbine mass flow from the total exhaust mass flow.

In this thesis a more direct way of estimating the flow through the wastegate
is attempted by using a model where the position of the wastegate and engine
data is used to calculate the mass flow. The wastegate can be modelled as a valve
opening to a larger volume, enabling the use of choked flow equations

To calculate the effective area of the flow past the wastegate, tests would have
to be done where the mass flow is separated from the turbine flow by some sort of
solution, earlier tests in cold conditions have used a welded pipe directly onto the
exhaust side of the wastegate to separate the flow and enable measurement. The
position of the electrical servo is then used as a reference for how the wastegate is
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positioned, since the exact position of the wastegate is not measured. During the
tests the wastegate position α is set in positions varying from fully closed to fully
open. Doing this at different pressure ratios Π, and temperatures Tu , enables the
model during steady state to be described as,

ṁwg = Auρuηu = Adρdηd (5.1)

ṁ =
pu√
RTu

Aef f (α)Ψ cv ⇔ Aef f (α) =
ṁ
√
RTu

puΨ cv
(5.2)

Ψ cv(Π) =

√
γ + 1

2γ
(1 −Π)

(
Π +

γ − 1
γ + 1

)
(5.3)

One of the downsides with doing gas stands tests are the differences compared
to a real combustion engine. The pulsating flow is removed, and if the exhaust
mass flow is to be measured through both wastegate and turbine it is required to
separate them with different collector volumes. A result of this is among other
things different pressure drops over the wastegate and turbine, which may lead
to a bad model estimation of the flow.

5.2.2 Engine test bench

The test bench located at Vehicular Systems at Linköping University is equipped
with a gasoline engine from the Volvo VEA engine family.

The tests were focused around getting data on how the surface, gas, and fluid
temperatures across the turbocharger changed with different load points.

By isolating the compressor or changing the flow of cooling water the amount
of heat transferred to the air in the compressor can be changed. In doing so
at the same engine speeds and load points as done earlier the thermal quantity
can be altered and measured so that when combined with the equation (4.1) the
difference give.

Case 1: Insulated compressor.

Q̇condbh→ch,iso + Q̇radch→amb ,iso + Q̇convch→amb ,iso + Q̇convch→c ,iso = 0 (5.4)

Case 2: Uninsulated compressor.

Q̇condbh→ch + Q̇radch→amb + Q̇convch→amb + Q̇convch→c = 0 (5.5)

If equation (5.5) are subtracted by equation (5.4), with the assumption that
convection and radiation to ambient are negligent in the isolated case, the
following equation are given,

∆Q̇convch→c + σεchAchT
4
ch,surf + hchAch(Tch,surf − Tamb) = 0 (5.6)
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where if σ , Ach, εch, and hch are assumed to be constant during steady state it
can be simplified to

∆Q̇convch→c + C1,chT
4
ch,surf + C2,ch(Tch,surf − Tamb) = 0 (5.7)

enabling the compressor work to be be calculated by modelling the amount of
heat transfer at different load points.

The same test but with isolation of the turbine housing will enable same cal-
culations for the turbine side,

Case 1: Insulated turbine.

Q̇convt→th,iso + Q̇condth→bh,iso + Q̇radth→amb ,iso + Q̇convth→amb ,iso = 0 (5.8)

Case 2: Uninsulated turbine.

Q̇convt→th + Q̇condth→bh + Q̇radth→amb + Q̇convth→amb = 0 (5.9)

If equation (5.9) are subtracted by equation (5.8), with the assumption that
convection and radiation to ambient are negligent in the isolated case, the
following equation are given,

∆Q̇convt→th + σεthAthT
4
th,surf + hthAth(Tth,surf − Tamb) = 0 (5.10)

where once again the area of the turbine housing can be estimated and the emis-
sivity, εth is a material dependant constant. This enables the simplified equation,

∆Q̇convth→c + C1,thT
4
th,surf + C2,th(Tth,surf − Tamb) = 0 (5.11)



30 5 Measurements

Table 5.6: Placement and description of the sensors attached to the tur-
bocharger.

Measurement Number Description
Surface temperature 1 Exhaust port 1

2 Exhaust port 2
3 Exhaust port 3
4 Exhaust port 4
5 Turbine inlet
6 Turbine outlet

7b Turbine housing 1
8b Turbine housing 2
9 Turbine backplate

10 Bearing housing
11 Compressor backplate 1
12 Compressor backplate 2
13 Compressor backplate 3
14 Compressor housing

Gas temperature 15 Exhaust port 1
16 Exhaust port 2
17 Exhaust port 3
18 Exhaust port 4
19 Exhaust pipe 1
20 Exhaust pipe 2
32 Before turbine
21 After turbine
22 Before compressor
23 After compressor

Inner wall temperature 7a Turbine, Inner wall 1
8a Turbine, Inner wall 2

Oil temperature 24 Oil before
25 Oil after

Water temperature 26 Water before
27 Water after

Pressure sensors 28 Before turbine
29 After turbine
30 Before compressor
31 After compressor



6
Results

In this chapter the results of the tests shown in section 5 are presented. The
parameters required for the models are estimated and validated versus the ex-
perimental data. All models and figures in this chapter are produced with tests
where the wastegate was closed, unless stated otherwise.

6.1 Internal heat transfer

In the sections below the result of the transfer of heat from the exhaust gases
to the turbine housing, and the heating of the intake air from the compressor
housing, as well as the internal conduction between nodes are shown.

6.1.1 Compressor work and heat transfer

To calculate the compressor work and efficiency the usage of dimensionless num-
bers, shown in section 3.1.4, were used together with temperatures sampled on
the compressor housing, and air temperatures before and after the compressor.
The resulting temperatures compared to the mass flow of air are shown in Figure
6.1. It is shown that for all of the load points the compressor housing is cooler
than 90◦C and that the difference between compressor housing and gas temper-
ature is quite small during low mass flows. For low loads, ṁair < 20 [g/s], air
temperature after the compressor is lower than that of the compressor housing,
meaning that heat is transferred from the housing to the air. During high loads
however, ṁair > 30 [g/s], the air temperature after the compressor can reach lev-
els higher than the compressor housing. This means that the heat transfer will
be reversed, the compressor house is now being warmed by the compressed air.
By comparing the calculated heat transfer with the enthalpy gain, the amount of
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Figure 6.1: The temperatures of T1, T2, and Tch compared to the mass flow
of air past the compressor. At flows > 30 [g/s] the compressor housing tem-
perature is lower than T2 reversing the flow of heat.

compressor work can be estimated.

Wcomp = ∆Hcomp − Q̇nusselt (6.1)

In Figure 6.2 the calculated heat transfer using Nusselt numbers, as shown in
equation (3.15), from the compressor housing to the intake air is shown together
with the enthalpy gain over the compressor and the calculated compressor/turbine
power. Interesting to note is that for low flows the amount of heat transferred to
the air is almost all of the enthalpy gain while for higher mass flows it falls of,
showing that the compressor efficiency increases with air massflow. This is to
expect as said earlier in the report, the compressor efficiency increases with com-
pressor speed. The compressor efficiency is estimated by,

ηcomp =
Wcomp

∆Hcomp
(6.2)

and plot of this is shown in Figure 6.3. The efficiency of the compressor is plot-
ted for three wastegate positions versus the amount of air mass flow. Since the
opening of the wastegate is not measured the position of the servo, were 0 is fully
closed and 100 is fully open, is used to describe how much the wastegate is open.
It is shown that with the wastegate closed the compressor is working more adi-
abatic at higher speeds and that the efficiency is very low at low speeds. With
open wastegate the efficiency is even negative during very low speeds, showing
that the compressor can be viewed as a resistance to the flow.



6.1 Internal heat transfer 33

0 10 20 30 40 50 60

Air massflow [g/s]

-500

0

500

1000

1500

2000

2500

3000

3500

E
n
e
rg

y
 [
W

]

Enthalpy gain, Work and Heat flow in the compressor

Figure 6.2: The calculated gain in enthalpy over the compressor is shown
together with the calculated heat transfer and compressor power. The com-
pressor efficiency is very low at low air massflows.

Figure 6.3: Compressor efficiency for three wastegate servo positions, 0% are
fully closed, 100% are fully open. With the wastegate open no work is done
to the air and P2<P1 for flows under 20 [g/s]. The compressor can in this
case be viewed as a resistance to the flow and thus giving negative values in
the plot.
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6.1.2 Turbine work and heat transfer

On the turbine side the heat flows from the heated exhaust gases to the inner
wall of the turbine housing. To calculate the heat transfer and the effectiveness of
the turbine the temperatures before and after expansion were measured together
with the inner, and outer wall temperatures. The turbine temperatures are plot-
ted in Figure 6.4 were the the gas temperatures before, and after the turbine are
shown together with the mean housing, and the inner wall temperature versus
the amount of exhaust gas mass flow. As can be seen in the figure the temper-
ature difference between T3 and T4 is not very large when the gas flow is low.
Another observation is that there exists multiple operating points where there
are different temperatures at the same amount of gas flow for flows under 25
[g/s]. This can be explained by the fact that two or more operating points have
the same amount of gas flow.
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Figure 6.4: Gas temperatures T3 and T4 together with inner and outer wall
temperatures for closed wastegate plotted against the amount of exhaust gas
mass flow. Flows below 25 [g/s] contains multiple operating points with
different temperatures but close to equal gas flow.

Since the turbine and compressor are connected by a shaft, and the friction
on it is assumed to be low enough to be neglected, the assumption can be made
that the work done by the exhaust gases on the turbine are the same that the
compressor delivers to the intake air. Using this assumption it is possible to use
the enthalpy drop over the turbine, equation (3.3) and the calculated work done
by the compressor, equation (6.1) to estimate the amount of heat transferred from
the exhaust gases to the turbine housing as,

Q̇turb = ∆Hturb −Wcomp (6.3)



6.1 Internal heat transfer 35

0 10 20 30 40 50 60

Exhaust massflow [g/s]

-500

0

500

1000

1500

2000

2500

3000

3500

4000

4500

E
n
e
rg

y
 [
W

]

Enthalpy gain, Work and Heat flow in the turbine

Figure 6.5: Enthalpy drop over the turbine shown together with the calcu-
lated work done by the compressor and the difference between them being
the heat loss.

Equation (6.3) could then be used to calculate the efficiency of the turbine as,

ηturb =
Wcomp

∆Hturb
(6.4)

In the Figure 6.5 the enthalpy drop over the turbine, calculated using the first
law of thermodynamics (3.2), is shown together with the calculated compressor
work, and the difference between them. This figure is quite a lot messier then
the one on the compressor but the trend is the same. During low flows almost
all of the enthalpy drop is heat losses, and at higher speeds the turbine works
more efficient and for flows over 40 [g/s] the amount of work surpasses calculated
amount of heat losses.

The amount of heat transferred to the turbine housing from the exhaust gases
can also be calculated with dimensionless numbers as shown in equation (3.16).
The turbine side is far more complicated compared to the compressor, with tem-
peratures differing by hundreds of degrees and the geometry between engines
and turbochargers contributing to how the heat transfer is modelled. To try to
find a fitting model all 17 different cases shown in Table 3.2 were tried together
with the above mentioned calculated heat loss to try to find some model that
matches. The result is shown in Figure 6.6 where the closest match is the Caton-
Haywood model though it is still a bad fit compared to the calculated heat loss.
This indicates that for this engine and exhaust a new model with different param-
eters needs to be created.



36 6 Results

0 10 20 30 40 50 60

Exhaust massflow [g/s]

0

500

1000

1500

2000

2500

H
e
a
t 
tr

a
n
s
fe

r 
[W

]

Nusselt models vs Calculated heat flow

Figure 6.6: The 17 different Nusselt models for heat transfer shown in Table
3.2 together with the estimated heat transfer, from measured data in blue, to
the turbine housing vs gas mass flow. The closest model, CatonHaywood is
marked in red.

6.1.3 Heat transfer between nodes

Internal heat transfer between the turbine, bearing, and compressor housing is
assumed to be entirely done by conduction. By measuring the differences in tem-
perature between the insulated and non insulated tests the difference in heat flow
can be calculated.

Compressor and bearing housing

The compressor housing was insulated using mineral wool to investigate the
amount of heat transfer to the compressor housing. The heat transferred to the
compressor housing is split in two parts, radiation from hot surfaces and by con-
vection from the surrounding air. By comparing the enthalpy gain from the orig-
inal, uninsulated test to the isolated one a difference can be measured. Using the
same operating points the assumption is made that the only difference between
the tests should be the external heat transfer. In Figure 6.7 the compressor back-
plate, and bearing housing temperatures are plotted versus the amount of air
mass flow. Notable is that with the compressor insulated the temperature of the
bearing housing remains constant but the compressor backplate becomes cooler
for flows between 25-40 [g/s]. A larger difference in temperature brings with it a
higher amount of heat flow from the bearing housing to the compressor housing.



6.1 Internal heat transfer 37

5 10 15 20 25 30 35 40 45 50 55

Air massflow [g/s]

330

340

350

360

370

380

390

°C

Temperatures over bearing housing/compressor backplate

T
cbp

T
cbp

 comp.iso

T
bh

T
bh

 comp.iso

Figure 6.7: Compressor backplate and bearing housing temperatures for the
uninsulated and insulated tests. The lowering of compressor temperature
increases the conductive heat flow between the parts.

The difference in heat transfer can be described by the equations,

Case 1: Q̇comp,1 = Q̇condbh→ch,1 + Q̇rad + Q̇conv,1 + Q̇convch→c,1 (6.5a)

Case 2: Q̇comp,2 = Q̇condbh→ch,2 + Q̇conv,2 + Q̇convch→c,2 (6.5b)

where Case 1 is non insulated and Case 2 is insulated. The variable Q̇condbh→ch
is the conduction heat transfer between the bearing housing and the compressor
housing. The variables Q̇conv,1/2 is the amount of convection from the bearing
housing to the ambient air. With no forced convection done during tests, convec-
tion heat transfer to the ambient is deemed low and lower for the insulated case,
Q̇conv,1 > Q̇conv,2, but not much can be said about their absolute value.

Since there is no way to exactly measure the conductive heat transfer between
two different materials this will be treated as an unknown and contribute to the
error of the model. What can be said about the conductive heat transfer is that
it is larger when the temperature difference between bearing, and compressor
housing is larger. The difference in heat transfer can be expressed by the function,

∆Q̇condbh→ch = f (∆T ) (6.6)

where ∆T is the difference in temperature between the bearing, and compressor
housings.

The variables Q̇convch→c,1/2 are representing the amount of heat transfer from
the compressor housing to the intake air. This is calculated with the dimension-
less numbers shown in equation (3.20) and visualised in Figure 6.8. As shown the
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Figure 6.8: Calculated heat flow between the compressor housing and intake
air for the insulated and uninsulated tests. The small difference indicates
that not a large amount of heat is transferred from the ambient or the bearing
housing.

difference in calculated heat exchange between the compressor housing and the
intake air is relatively small with the insulation of the compressor. The maximum
measured difference in heat transfer is 17% and the mean absolute percentage dif-
ference is under 8% when calculated by,

M =
100
N

N∑
i=1

∣∣∣∣∣∣ Q̇convch→c,1,i − Q̇convch→c,2,iQ̇convch→c,1,i

∣∣∣∣∣∣ = 7.9396% (6.7)

Considering the assumptions made above, the heat transfer on the compres-
sor side can be said to mostly depend on the heat transfer between compressor
housing and intake air, treating the heat transfer from the bearing housing and
from the ambient as noise. The compressor heat transfer model can then be cre-
ated as a function of the enthalpy gain over the compressor, and the efficiency of
the compressor,

Q̇comp = (1 − ηcomp)∆hcomp + Q̇error (6.8)
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Turbine and bearing housing

By insulating the whole turbo, including the turbine, bearing housing and com-
pressor, in mineral wool external radiation and convection is removed or at least
considered small enough to neglect. By comparing the isolated vs the uninsu-
lated tests the difference in enthalpy can be said to be the effect that is lost in heat
transfer to the ambient. In Figure 6.9 the turbine and bearing housing temper-
atures are plotted versus the amount of exhaust gas mass flow. Notable is that
with the whole turbocharger insulated the temperature of the bearing housing
remains constant but the turbine housing increases in temperature which in turn
leads to a larger difference in temperature between the two. A larger difference
in temperature brings with it a higher amount of heat flow from the turbine hous-
ing to the bearing housing. The difference in heat transfer can be described by
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Figure 6.9: Turbine housing and bearing housing temperatures for the unin-
sulated and insulated tests. The increase of turbine temperature increases
the conductive heat flow between the parts.

the equations,

Case 1: Q̇turb,1 = Q̇condth→bh,1 + Q̇rad + Q̇conv,1 + Q̇convt→th,1 (6.9a)

Case 2: Q̇turb,2 = Q̇condth→bh,2 + Q̇conv,2 + Q̇convt→th,2 (6.9b)

where Case 1 is non insulated and Case 2 is insulated. The variables Q̇conv,1/2 are
the amount of convection from the turbine housing to the ambient air. In the lab
the airflow past the turbine is very low compared to how it is in a car, where a
fan or the speed of the car forces air past the turbine. With almost no flow of air
the convection heat transfer to the ambient is deemed quite low and even lower
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Figure 6.10: Difference in calculated heat transferred from the exhaust air
to the turbine housing versus the exhaust gas mass flow. When insulated the
heat loss from the exhaust gases to turbine wall decreases for all mass flows.

for the insulated case, Q̇conv,1 > Q̇conv,2, but not much can be said about their
absolute value.

The variable Q̇condth→bh is the conduction heat transfer between the turbine
housing and the bearing housing. Since there is no way to exactly measure the
conductive heat transfer between two different materials this will be treated as
an unknown and contribute to the error of the model. What can be said about
the conductive heat transfer is that it is larger when the temperature difference
between turbine, and bearing housing is larger. The difference in heat transfer
can be expressed by the function,

∆Q̇condth→bh = f (∆T ) (6.10)

where ∆T is the difference in temperature between the turbine, and bearing hous-
ings.

The variables Q̇convt→th,1/2 are representing the amount of heat transfer from
the exhaust gases to the turbine housing. This is calculated with equation (6.3)
and visualised in Figure 6.10. As shown in the figure the difference in calculated
heat exchange between the exhaust gas and turbine housing lessens by insulat-
ing the turbine. Since the work done by the compressor is still the same for all
work points, the efficiency of the turbine calculated as shown in equation (6.4)
increases. This is shown in Figure 6.11

It is observed in Figure 6.12 that the heat transfer to the engine coolant are
almost identical when the compressor and whole turbocharger are insulated.
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Considering the results above, the heat transfer on the turbine side can be said
to mostly depend on the heat transfer between exhaust gases and and housing.
The heat transfer from the turbine housing to bearing housing is not especially
affected by the insulation of the turbo. The turbine heat transfer model can then
be calculated as a function of the difference in enthalpy over the turbine and the
efficiency of the turbine,

Q̇turb = (1 − ηturb)∆hturb + Q̇error (6.11)
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Figure 6.11: Difference in calculated turbine efficiency between insulated
and uninsulated turbine. By insulating the turbine the efficiency is increased
for all mass flows.
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Figure 6.12: Heat transferred to engine coolant for three different condi-
tions, normal, compressor insulated, and whole turbocharger insulated.
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6.2 Calculation of model parameters

To build a model of the turbo efficiency and heat transfer the results presented
above is used to parameterize the constants used in the models. All constants
used in the model are shown in Table 6.1. The models are estimated using certain
operating points in a set of data, they are then evaluated on all available operating
points in that set of data. The operating points for the evaluation data are given
in Table 5.1 as triangles.

6.2.1 Compressor

Starting at the compressor, the equation for the compressor efficiency is built as,

η̂comp(ṁair ) = C1ṁ
3
air + C2ṁ

2
air + C3ṁair + C4 (6.12)

the resulting model is shown in Figure 6.15 where the data points and model is
shown together.

Using the same approach as in equation (6.12) the enthalpy gain over the
compressor is modelled considering the mass flow as,

∆ĥcomp(ṁair ) = C1ṁ
3
air + C2ṁ

2
air + C3ṁair + C4 (6.13)

the resulting model is shown in Figure 6.13 where the data points and model is
shown together.
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Figure 6.13: Model validation for the compressor enthalpy, the model fol-
lows the measured data well across the whole range except for two operating
points during high air massflow.
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Using the calculated model for compressor efficiency, and the model for en-
thalpy gain it is possible to estimate the the amount of heat transfer from just the
mass flow past the compressor.

˙̂Qcomp = (1 − η̂comp)∆ĥcomp (6.14)

which gives us the heat loss model shown in Figure 6.14 where the model is
shown beside the calculated heat loss done above with dimensionless numbers.
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Figure 6.14: Model validation for the heat transfer from compressor housing
to intake air, the model follow the measured data well except for a couple of
operating points with low mass airflow.

The maximum measured difference in heat transfer between the modelled
values and calculated is 221% and the mean absolute percentage difference is
under 14.5% when calculated by,

M =
100
N

N∑
i=1

∣∣∣∣∣∣∣ Q̇comp,nusselt −
˙̂Qcomp

Q̇comp,nusselt

∣∣∣∣∣∣∣ = 14.493% (6.15)

The efficiency model for the Compressor is shown in Figure 6.15. The model
utilizes a exponential function to estimate the efficiency satisfactory. The maxi-
mum measured difference in efficiency between the model and the data are 177%
when the flow is low. The mean absolute percentage difference is under 17.1% as
shown by,

M =
100
N

N∑
i=1

∣∣∣∣∣∣ηcomp − η̂compηcomp

∣∣∣∣∣∣ = 17.085% (6.16)
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Figure 6.15: Model validation of Compressor efficiency. The model uses
an exponential function to estimate the efficiency, the accuracy are better
during high loads.

6.2.2 Bearing housing

In the bearing housing most of the external heat flow is to the cooling water. This
heat flow can be described by the model

˙̂Qwtr = C1ṁ
2
air + C2ṁair + C3 (6.17)

and is shown in Figure 6.16 where the data points and model is shown together.
The maximum measured difference in heat transfer between the modelled

values and calculated is 35.4% and the mean absolute percentage difference is
below 5.5% when calculated by,

M =
100
N

N∑
i=1

∣∣∣∣∣∣∣ Q̇wtr −
˙̂Qwtr,model

Q̇wtr

∣∣∣∣∣∣∣ = 5.4018% (6.18)

6.2.3 Turbine

At the turbine, the measured data are more scattered compared to the compressor
data. The heat transfer from exhaust gases to turbine housing are calculated us-
ing the enthalpy drop over the turbine combined with the model for compressor
work.

The nusselt model mentioned in section 3.1.4 is used and fitted to measured
data using custom parameter values with inspiration from Table 3.2. The param-
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Figure 6.16: Model validation of the heat flow to Water coolant, consistent
data enables the model to be fairly accurate across all operating points.

eters and model are given by the equation,

Nut→th = 0.4Re0.8P r0
(
µbulk
µskin

)0

= 0.4Re0.8 (6.19)

and the heat transfer Q̇turb is then calculated as in equation (3.15). A different
model of the heat flow depending on the exhaust massflow were also produced, it
is based on the data from the nusselt model given in (6.19). The heat flow model
is given by:

˙̂Qturb(ṁair ) = a · ebṁexh + c · edṁexh (6.20)

Figure 6.17 shows the model validation for the turbine heat flow model, to-
gether with the measured data and nusselt model. A mean absolute percentage
difference were calculated to 89% as shown by,

M =
100
N

N∑
i=1

∣∣∣∣∣∣∣ Q̇turb −
˙̂Qturb,nusselt

Q̇turb

∣∣∣∣∣∣∣ = 89% (6.21)

Models dependent on Rpm and Torque

The second approach to model turbine enthalpy and heat flow takes a few more
parameters into consideration. It was found that the turbine enthalpy correlates
to both engine speed and engine torque that enabled a more accurate model.
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Figure 6.17: Model validation of the heat flow from exhaust gases to turbine
housing using the model based on the Nusselt-model. The model are best
during high loads, but still not very accurate.

Figure 6.18 shows the normalized enthalpy model on which the Heat flow
model in Figure 6.19 are based. It was modelled by fitting a 4:th degree polyno-
mial to the data provided by multiplying enthalpy, Rpm and Torque, depending
on exhaust massflow. The polynomial model is given by,

Model = f (ṁexh) = C1ṁ
4
exh + C2ṁ

3
exh + C3ṁ

2
exh + C4ṁexh + C5 (6.22)

and the enthalpy drop by,

∆hturb =
f (ṁexh)
T q ·Rpm

(6.23)

The mean absolute percentage difference for the normalized heat model were
calculated to be 56%, a substantial improvement compared to the heat model
based on the Nusselt model which received a 89 % mean absolute percentage
difference.

M =
100
N

N∑
i=1

∣∣∣∣∣∣∣ Q̇turb −
˙̂Qturb,norm

Q̇turb

∣∣∣∣∣∣∣ = 56% (6.24)
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Figure 6.18: Model validation of the normalized enthalpy model with Rpm
and Torque dependency. The normalized enthalpy data shows a clear trend,
compared to when only enthalpy were used.

0 10 20 30 40 50 60

Exhaust massflow [g/s]

0

500

1000

1500

2000

2500

H
e
a
t 
fl
o
w

 [
W

]

Model validation, Turbine heat flow

Figure 6.19: Model validation of the heat flow from exhaust gases to turbine
housing using the normalized enthalpy model. This model accuracy are a
big improvement compared to the heat transfer model based on the nusselt-
model in 6.17.
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Table 6.1: Parameters for the models using polynomial and exponential es-
timations, equation (4.17) and (4.18) shows the function expressions.

Polyfit models C1 C2 C3 C4 C5
˙̂Qwtr (6.17) -0.2502 36.44 219.4 - -

∆ĥcomp (6.13) 0.0003 -0.04594 3.727 -49.23 279.1
f (ṁexh) (6.22) -242.3 4.059e+4 -1.069e+6 1.344e+7 -3.739e+7

Exp. models a b c d -
η̂comp (6.16) 0.6357 0.00198 -1.325 -0.1208 -

˙̂Qturb,nusselt (6.20) 441.6 0.0232 -540.2 -0.1239





7
Discussion

This sections contains discussions about most aspects of this thesis. The model,
measurements, implementation and results are topics that will be discussed.

7.1 Planning and Implementation

The goal of this master thesis was to create a model for the heat flow for the
turbocharger, as well as a model for how the mass flow past the turbine was af-
fected by wastegate position and dynamic flow. Quite soon it was revealed that
the planned tests in the gas stand at VCC where the separation of flow between
wastegate and turbine would be measured were not going to happen. The lack of
gas stand tests scrapped the idea of estimation of flow past the wastegate forcing
the focus of the thesis to change towards including only the heat transfer model.
The shift in focus meant that the thesis was dependant on only the tests done in
the engine lab at LiU. The tests were planned to all be done before half time of
the total time spent on the thesis, this would leave plenty of time to process and
analyse the data and redo any failed tests or do extra tests if deemed necessary.
The testing was delayed by five weeks due to delays in delivery of the right hard-
ware. And when all tests for what was thought to be a closed wastegate it turned
out that the electrical actuator did in fact not close all the way due to installation
error. These delays forced the analysis of data way into the end of the writing of
the report and little to no time was left to iterate the results or redo any desired
tests. So the first conclusion is that when planning to do tests including hardware,
plan more time for delays and errors in equipment. And when you are able to
do tests, always do a cycle of tests at the start of testing that concludes that the
engine is running as it should so that no time is spent sampling data that is not
usable.

51
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7.2 Heat flow model

The heat flow models produced are using the assumption that all heat flows
across the turbocharger were one dimensional. Some heat flows neglected when
making the model, could have been implemented to improve the result. They are:
heat from the turbine blades to the shaft, conduction to/from catalytic converter,
conduction to/from the engine block/exhaust manifold, and convection to the oil.
The radiation heat emitted from the turbocharger are included in the model, but
the radiation heat received from ambient influences (such as the engine block)
are not taken into consideration. All these "shortcomings" of the model will turn
out as model errors.

7.2.1 External heat transfer

While the internal heat transfer can be modelled and calculated by analysing
the test data as done in the result section of the report, the external heat trans-
fer is much more built on assumptions and can not be calculated with the same
precision. On the hot side the heat transfer is directed from the turbine to the
surroundings, while on the cold side the compressor housing is slightly warmer
in temperature than ambient air, but colder than the surfaces around it, making
the heat transfer to the compressor housing by radiation, but away from it with
convection.

Compressor Housing

As shown above in Figure 6.8 the difference in heat flow between insulated and
uninsulated compressor was low during all operating points. The decrease in
temperature between uninsulated and insulated proofs that the net heat flow is
positive to the compressor housing. The compressor housing is warmer than the
surrounding air meaning that the heat transfer by convection to the ambient will
be directed from the housing to the air. The decrease in temperature between
uninsulated and insulated however shows that the net heat flow is positive to
the compressor housing. This means that the heat transfer by radiation from the
surrounding parts is higher than the outgoing radiation.

By dividing the radiation into two separate units, one for inflow of radiation
and one for outgoing radiation the equation for heat transfer will be,

Q̇ch→amb + Q̇ch,conv + Q̇ch,rad = 0 (7.1)

where Q̇ch,rad,in < Q̇ch,rad,out , which makes it hard to formulate a model for the
heat transfer on the form shown in equation (4.13) since the radiation inflow
Q̇ch,rad,in is dependant on surrounding temperatures not measured in the tests.
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Figure 7.1: The calculated amount of heat transfer to the ambient compared
with total heat flow from the exhaust gases to the turbine inner wall. The
plot shows that the net heat transfer to the turbine is close to zero for low
flows and negative when the compressor is working more adiabatic during
higher mass flows.

On the hot turbine side the housing is hotter than the surrounding air mak-
ing the convection work outwards. Due to the low amount of air flow past the
turbine, no external fans are being directed at the turbine during testing, the
majority of the heat transfer should be by radiation Q̇th,conv < Q̇th,rad . The tem-
peratures difference between the turbine inner wall and exhaust gases decreases
when insulated. A lower difference in temperature leads to the lower heat trans-
fer shown already shown in Figure 6.10. The difference in heat transfer to the
turbine wall subtracted from the difference in enthalpy drop for the insulated
and uninsulated tests, shown in Figure 7.2, leaves us with the net heat flow to
the ambient. This gives the equation to calculate the amount of heat flow to the
ambient as,

Q̇th→amb = ∆h − ∆hiso − (Q̇turb − Q̇turb,iso) (7.2)

The resulting heat transfer is shown in Figure 7.1, and indicates that the average
amount of radiation and convection losses are very low during mass flows below
45 [g/s]. For higher mass flows, where the boost pressure starts to build and
the turbine is working more adiabatic, the resulting heat flow is negative. This
means that during high loads the net heat transfer is to the turbine housing from
the ambient.
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It seems unlikely that the net heat transfer during high loads would be di-
rected to the turbine housing when it is almost 800◦C warm. One of the factors
that could explain this probably faulty result is how the system border is drawn.
The system border is drawn where the turbine housing merges with the exhaust
manifold and where it connects to the catalyst. The model does not include the
heat transferred from the exhaust manifold to the turbine housing or the heat
transferred to the catalyst, the assumption made was that they have similar tem-
peratures. Another factor that comes into play during high temperatures is that
the insulation gets warm on the outside and this leads to heat losses to the ambi-
ent that is not accounted for in the model.
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Figure 7.2: Enthalpy drop over the turbine for the insulated and uninsulated
tests versus exhaust gas mass flow.
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Bearing Housing

The main source of external heat transfer is the water cooling in the bearing hous-
ing. In the sections above it has been stated that close to no heat flows from the
turbine housing to the ambient. This indicates that almost all of the heat should
be transferred to the bearing housing and the cooling water. As shown in Figure
7.3 the enthalpy gain in the water past the bearing housing is equal to or bigger
than the calculated heat loss in the turbine.
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Figure 7.3: Calculated heat loss in the turbine during non insulated test
compared to the calculated heat transfer to the cooling water. It shows that
the water is effectively doing all the heat transfer from the turbine.
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7.2.2 Model parameter estimation

In section 6.2 the model parameter estimation is presented. The reason why some
of the polynomials are of the third and fourth degree are because some of the mod-
els depends on each other. The compressor enthalpy and efficiency models are
used when estimating the compressor heat transfer model, when this calculation
is made small errors in the enthalpy and efficiency model translates to a bigger
error in the heat transfer model.

7.2.3 Turbocharger axle

The model used in the temperature calculations has several simplifications and
assumptions. One of these simplifications includes the turbocharger turbine
wheel, compressor wheel, and shaft. The heat transfer through these parts is ig-
nored in the heat transfer model, this is the reason a sensitivity analysis is needed
to determine the impact of this simplification.

A simple conductive heat transfer model was made with estimated parame-
ters, constants from literature and datasheets. The model assumes that heat is
transferred from the turbine wheel to the middle of the shaft. Figure 7.4 shows
the shaft together with the length where heat transfer is considered, and the shaft
diameter.

L = 40 mm

 Ø14 mm

Figure 7.4: Turbocharger shaft, turbine wheel, and compressor wheel.

The heat transfer considered was 1D convective heat transfer. The temper-
ature of the shaft closest to the turbine wheel was set to vary across a span of
temperatures, the temperature closest to the compressor wheel was set to a con-
stant of 80◦C. Figure 7.5 shows the estimated heat flow through the turbocharger
shaft during various start temperatures closest to the wheel. The result show that
at most the turbo shaft could carry less then 70 [W] of heat to the water cooling
with a temperature difference of 820◦C.
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Figure 7.5: Heat transferred through the turbocharger shaft vs the difference
in temperatures of turbine and compressor housings.

7.3 Measurements

The tests done, shown in Table 5.1, were concluded without any major break-
downs, the minor ones are discussed bellow.

7.3.1 Water flow

One of the uncertainties of the measurements on the engine are the amount of
coolant flow the turbocharger actually receives. The first round of measurements,
where most of the data were collected, displayed a constant water flow around
6.7 [l/min] in the turbo. During later stages of testing this flow changed to a
lesser value. The function of the flow sensor could not be validated, which is why
the water flow were assumed to be constantly 6.7 [l/min] across all measured
operating points.

7.3.2 Temperature before turbine

During the measurements the temperature before the turbine, T3, were observed
to measure unreasonable values. The temperature before would often be lower
than the temperature after the turbine, T4. The solution to this problem was to
use a mean of the two pipe-temperatures instead during calculations. A calibra-
tion test would have been preferred to validate the sensor.
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7.3.3 Turbine enthalpy and heat transfer

The measured turbine enthalpy drop is quite messy where there exist multiple
operating points with the same mass flow. This then extends when calculating
the heat loss from exhaust gas to turbine wall since it is calculated as in equation
(6.3).

In Figure 7.6 the calculated heat transfer dependent on gas flow is shown and
the different test series are separated by torque, showing the problem with mul-
tiple test series having the same mass flow but different heat flow. This becomes
hard to model since no apparent pattern can be found when looking only on the
exhaust gas mass flow. Compare this with the same separation done on the com-
pressor side in Figure 7.7 where a pattern is much easier to detect.

The parameterized Nusselt model shown in Figure 6.17 performs poorly com-
pared to the model were the enthalpy was normalized with Rpm and torque and
modelled as shown in Figure 6.19. When insulation is added to the turbocharger
the difference in heat transfer at the same exhaust gas mass flow becomes much
more compact, as shown in 6.10. To get a better model for heat transfer from the
exhaust gases to the turbine wall it would be interesting to do more tests. One
such test could be to add forced convection by directing a fan at the turbine dur-
ing testing to see if the difference in heat flow lessens between operating points
with the same mass flow, as seen when insulating.
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Figure 7.6: Calculated heat transfer to the turbine wall from the exhaust
gases, separated by torque. Different operating points have the same mass
flow but different heat transfer.
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Figure 7.7: Calculated heat transfer to the turbine wall from the exhaust
gases, separated by torque. Different operating points have the same mass
flow but different heat transfer.

7.3.4 Insulation

The application of the insulation for the whole turbine and the compressor could
be considered satisfactory, although the back side of the turbocharger were dif-
ficult to cover due to lack of space and visibility. During calculations the con-
vection and radiation were assumed to be negligible when insulation were made,
quite reasonable considering it was possible to put the hand on the insulation
during testing, i.e the temperature difference to ambient was not that big.

7.3.5 Broken sensors

The surface mounted sensors were delicate and during the measurements, some
of them broke. Fortunately, the sensors that broke had additional sensors close
by that could be used instead with not much deviation.
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7.4 Results

One of the main limitations of the results from this thesis is the hardware de-
pendency of the models, conclusions can only be made for this particular engine
with this particular turbocharger, the reason why are the many parameters and
constants related to the engine and turbocharger.

The data collected shows that the compressor side have more consistent data
when compared to the turbine side. For example, the enthalpy on the compressor
side shows a much more consistent behaviour when plotted against air massflow,
compared to the enthalpy on the turbine side when plotted against exhaust mass-
flow. It was later found that the turbine enthalpy were greatly dependent on
both engine speed and torque which improved the model accuracy. Overall the
models on the compressor side were more accurate, this could be explained by
the milder conditions around the compressor compared to the turbine. It doesn’t
need to deal with pulsating flow, exhaust gases and high temperatures etc.

As predicted, the water cooling of the turbocharger takes a big piece of the
heat coming from the turbine. Figure 7.3 shows the heat flow of the cooling water
compared to the heat flow from exhaust gases to turbine housing. One interesting
note from this plot is the fact that the heat flow to the cooling water in many
cases are higher than the heat flow from the exhaust gases to the turbine housing,
according to our model this should be impossible. This leaves essentially two
possibilities since the heat flow to water coolant is considered accurate. Either
the calculated heat transfer in the turbine is inaccurate, or there are heat flow
influences that the model doesn’t consider.



8
Conclusions

In this chapter a summary of what the focus of the thesis has been and what
results were reached are presented together with suggestions for future work.

8.1 Conclusions

The goal of this thesis was to improve the knowledge of how the heat transfer in
the turbocharger can be described by models during low flows. To achieve this
the turbo was divided into different nodes and a model was constructed for each
of the nodes and the heat transfer between them. The implementation of these
models were more successful on the compressor side where the flow is more ho-
mogeneous even during low mass flows, making the models fit quite good. On the
hot turbine side the measurements during low loads are more sporadic and thus
harder to model successfully. The models uses factors that can be measured in
working conditions and this is a problem when the same mass flow is represented
by different load points and temperatures on the turbine side. The magnitudes
of the calculated heat transfers in the turbine, compressor and water coolant are
all in the same range during the uninsulated tests, but the turbine heat transfer
peaks the highest around 2 kW and the compressor heat transfer peaks the lowest
at around 1 kW as can be seen in Figure 7.3 and 6.8.

Compressor

The conclusion of heat transfer is that the compressor side is quite insulated from
the turbine. The data suggest that almost no heat is transported by conduction
past the bearing housing and the water cooling. Heat that is transported to the
compressor is mostly from the bearing housing. The water coolant and the bear-
ing housing is warmer than the compressor housing and heat is transported be-
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tween the two by conduction.
When looking at the interaction between the compressor and the ambient it

does not seem as large as suggested by the related research. It was found that the
insulation of the compressor made almost no difference to the intake air temper-
ature or the compressor efficiency.

Turbine

The insulation of the turbine however showed a significant drop in how much
enthalpy was lost over the turbine by decreasing the heat transfer to the turbine
housing. This leads to an increase in its efficiency by quite a bit as shown in
Figure 6.11.

Shaft and Oil

As shown in section 7.2.3 the amount of heat transferred by the shaft are negated
since the estimated heat flow is so low. The heat transfer to the oil is also negated
because of the sporadic flow and low delta temperature. This confirms the as-
sumptions made by earlier work such as Serrano et al. (2015) where the amount
of heat flow to the oil was shown to be negligible in the gas stand.

Models

The models showed good accuracy for the compressor heat flow, enthalpy, and
the water coolant heat flow. The compressor efficiency model is not good at very
low mass flows, this however seems to be more of an error in measurement rather
than model error. The turbine side shows not that great results, the model for tur-
bine enthalpy is not very good, although it got better after torque and engine
speed were considered. One good thing about the models is that they are appli-
cable during working conditions, they all depend on known quantities, but the
downside is that the wastegate needs to be fully closed.
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8.2 Future Work

The work done in this thesis could be expanded in many ways in the future, some
of which are discussed below.

Material improvements

One of the uncertainties discovered in the work were that some of the sensors
gave questionable measurements. The water flow sensor for example, showed
inconsistent data during some tests. By changing to a better flow sensor the
accuracy of this measurement could be increased. The same goes with the gas
temperature sensor just before the turbine. In some tests it showed lower temper-
atures than after the turbine, which is unreasonable. New measurements with a
working sensor, preferably a faster one, would be interesting.

Measurements on a real car could also be interesting. As discussed earlier the
difference in air flow around the turbocharger is quite large when comparing a
real car to the test bench, and to measure this difference would give data more
relevant to the real application of the engine and therefor better models.

A more thorough insulation of the turbocharger is something that could ben-
efit future tests, as of now the function of the insulation could not be verified
enough to say that all convection and radiation were eliminated. The usage of ra-
diation shields between components in the engine could increase the knowledge
on how radiation from external components affect the turbocharger.

One interesting thing that might be applicable on a turbocharger are heat
flux sensors, this would eliminate the need for material specific constants and
coefficients.

Modelling

Since the gas stand tests were all abandoned, a model for the wastegate flow were
difficult to produce, future work would include these tests to be able to estimate
the flow.

The existing heat transfer model could also be improved by including more
nodes into the heat transfer model. With more nodes more information is avail-
able, thus improving the resolution of the model, although this sets high stan-
dards on the equipment and preparations.
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